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Abstract

Numerical Investigation of Pressure Recovery in an
Induced Draught Air-Cooled Condenser for CSP

Application

G. M. Bekker
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Private Bag X1, Matieland 7602, South Africa.

Thesis: MEng (Mech)

December 2019

The operating flow rate and static efficiency of the axial flow fan in an induced
draught air-cooled condenser are increased. It is achieved through pressure
recovery, which is the conversion of the outlet dynamic pressure loss to static
pressure. Stators and diffusers can recover pressure. Different outlet configura-
tions were investigated for the M-fan of Wilkinson et al. (2017). The aim was
to find an arrangement that yields high pressure recoveries at both design and
off-design operating conditions. Discharge stators, conical diffusers, annular
diffusers, and combinations of these were tested.

The open-source computational fluid dynamics code, OpenFOAM, was used
to simulate the different outlet configurations for the 24 ft (7.3152 m) diameter
M-fan. Stators were designed for the design flow rate using an isolated aerofoil
approach. The stators were modelled as stationary fans using the extended
actuator disc model of Van der Spuy (2011). A constant diffuser length of one
fan diameter was used. Parametric studies were performed at the design flow
rate of 333 m3/s using fixed inlet velocity profiles. Various combinations of
diffuser wall angles were simulated to find the diffuser geometry that yields the
highest pressure recovery.
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iv ABSTRACT

A stator alone achieved a pressure recovery coefficient of Krec = 0.313. A
conical diffuser with an included angle of ten degrees (2θ = 10°) produced
Krec = 0.647. After adding a stator at the inlet of a conical diffuser of included
angle 2θ = 16°, a recovery of Krec = 0.837 was achieved. Annular diffusers
performed better. With a stator at the outlet of a 22° equiangular annular
diffuser, Krec = 0.951 was reported. A diffuser with a stator at its inlet, a
cylindrical hub, and a casing half-wall angle of 14° delivered Krec = 1.125.
The highest pressure recovery coefficient was obtained with an equiangular
annular diffuser with 22° wall angles measured from the axial direction, i.e.
Krec = 1.134.

The discharge configurations that produced the above results were also simulated
at off-design flow rates. The annular diffusers with and without a stator at
their inlets performed similarly near the design flow rate. However, at low
off-design flow rates, the diffuser without a stator performed better. The
equiangular diffuser with 22° half-wall angles converted the highest portion
of dynamic pressure to static pressure at design and off-design flow rates. At
the design flow rate, this diffuser increased the fan static pressure from 114.7
to 155.7 Pa (35.7 % relative increase) and the fan static efficiency from 59.4
to 80.7 % (21.3 % absolute increase). Assuming a system curve of the form
∆psys = aV̇ 2, this annular diffuser increased the volume flow rate through the
M-fan by 6.3 %. At this new operating point, the static efficiency was 20.0 %
(absolute) higher than at the initial design point.
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Numeriese Ondersoek van Drukherwinning in ’n
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Die lugvloeitempo deur en statiese doeltreffendheid van die aksiaalwaaier in
’n geïnduseerde lugverkoelde kondensor word verhoog. Dit word bereik deur
drukherwinning, wat die omskakeling van die uitlaat dinamiese drukverlies na
statiese druk is. Stators en diffusors kan druk herwin. Verskillende uitlaat-
konfigurasies is ondersoek vir die M-waaier van Wilkinson et al. (2017). Die
doel was om ’n uitlaatkonfigurasie te vind wat hoë drukherwinnings vir beide
ontwerps- en buite-ontwerpsbedryfstoestande lewer. Uitlaat stators, koniese
diffusors, annulêre diffusors, en kombinasies hiervan is getoets.

Die oopbron berekeningsvloeidinamika sagteware, OpenFOAM, is gebruik om
die verskillende uitlaatkonfigurasies vir die 24 ft (7.3152 m) diameter M-waaier
te simuleer. Stators is ontwerp vir die ontwerpsvloeitempo met behulp van
’n individuele-lemprofiel-benadering. Die stators is gemodelleer as stilstaande
waaiers met die verlengde aksieskyf model van Van der Spuy (2011). ’n Kon-
stante diffusorlengte van een waaier deursnee is gebruik. Parametriese studies
is uitgevoer by die ontwerpsvloeitempo van 333 m3/s deur gebruik te maak van
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vi UITTREKSEL

vaste inlaatsnelheidsprofiele. Verskeie kombinasies van diffusoropenigshoeke is
gesimuleer om die diffusor hoek te vind wat die hoogste drukherwinning lewer.

’n Stator op sy eie het ’n drukherwinningskoëffisiënt van Krec = 0.313 behaal.
’n Koniese diffusor met ’n openingshoek van tien grade (2θ = 10°) het Krec =
0.647 gelewer. Nadat ’n stator by die inlaat van ’n koniese diffusor met ’n
openingshoek van 2θ = 16° toegevoeg is, is ’n koëffisiënt van Krec = 0.837
behaal. Annulêre diffusors het beter presteer. Met ’n stator by die uitlaat
van ’n 22° gelykhoekige annulêre diffusor, is Krec = 0.951 gerapporteer. ’n
Diffusor met ’n stator by sy inlaat, ’n silindriese naaf en ’n buitewandhoek
van 14° (gemeet van die aksiale rigting) het Krec = 1.125 gelewer. Die hoogste
drukherwinningskoëffisiënt is gelewer deur ’n gelykhoekige annulêre diffusor
met halfmuurhoeke van 22°. Die gerapporteerde waarde was Krec = 1.134.

Die uitlaatkonfigurasies wat die bogenoemde resultate gelewer het, is ook by
buite-ontwerpsvloeitempo’s gesimuleer. Die annulêre diffusors met en sonder ’n
stator by hul inlate het soortgelyk presteer naby die ontwerpsvloeitempo. By lae
buite-ontwerpsvloeitempo’s het die diffusor sonder ’n stator egter beter presteer.
Die gelykhoekige diffusor met 22° halfmuurhoeke het die meeste dinamiese
druk omgesit in statiese druk by ontwerps- en buite-ontwerpsvloeitempo’s. By
die ontwerpsvloeitempo het hierdie diffusor die statiese druk van die waaier
van 114.7 tot 155.7 Pa verhoog (35.7 % relatiewe toename). Die statiese doel-
treffendheid van die waaier het van 59.4 na 80.7 % verhoog (21.3 % absolute
toename). As ’n stelselkromme van die vorm ∆psys = aV̇ 2 aangeneem word, het
hierdie annulêre diffusor die volumevloeitempo deur die M-fan vermeerder met
6.3 %. By hierdie nuwe bedryfspunt was die statiese doeltreffendheid 20.0 %
(absoluut) hoër as by die aanvanklike ontwerpspunt.
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Chapter 1

Introduction

1.1 Background
Concentrated solar power (CSP) plants are typically located in sunny, arid
areas where the availability of water for wet-cooling systems is limited. Kröger
(1994) predicted that diminishing cooling water supplies coupled with increased
water costs, environmental considerations, and restrictive legislation would
result in an increased reliance on ambient air as cooling medium. Despite air’s
poor cooling properties, it is always available, has no procurement costs, no
disposal issues, nor significant impacts on the environment (Kröger, 1998).

Condensers that employ ambient air as a cooling medium are termed air-cooled
condensers (ACCs). Moore et al. (2014) claim that ACCs can potentially
reduce the water usage of a power plant by as much as 90 %. This reduction is
especially significant for CSP plants. Moore et al. (2014) state that ACCs are
in many cases the only feasible option for CSP application.

Air-cooled condensers are categorised in two broad categories that are based
on the method used to create the required draught through the heat exchanger
bundles. They are natural draught ACCs, where buoyancy effects are respon-
sible for the induced draught through the bundles, and mechanical draught
ACCs, where fans create the draught.

Mechanical draught ACCs most often employ axial flow fans since they gener-
ally require a relatively low pressure rise at a relatively high volume flow rate
at operating conditions. Mechanical draught ACCs are subdivided into two cat-
egories: forced and induced draught ACCs. In the forced draught configuration,
the fan creates a high pressure within the ACC, forcing air through the heat
exchanger bundles. In the induced draught configuration, the fan creates a low
pressure within the ACC to draw air through the heat exchanger bundles.

1
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In a forced draught ACC, the fans are installed in the cooler inlet air stream
below the finned tube condenser bundles. Kröger (1998: 1.2.1) explains that
this results in lower fan power consumption for a given mass flow rate and lower
fan blade temperature exposure compared to an induced draught configuration.
Forced draught ACCs are also easier to maintain. As a result, the majority of
ACCs are of the forced draught construction (Hall, 2012: 51).

Despite the disadvantages associated with induced draught ACCs, Monroe
(1978) believes that they are more advantageous than forced draught systems.
Induced draught ACCs provide a more uniform airflow distribution through
the finned tube bundles than in forced draught ACCs. The higher discharge
velocities associated with induced draught systems make them less susceptible
to hot-plume recirculation and less sensitive to crosswinds. The heat exchangers
are also not as exposed to the atmosphere as in forced draught systems, making
them less sensitive to wind, solar radiation, and hailstorms. Hall (2012: 51)
adds that the natural draught stack effect in induced draught systems is greater,
making them more tolerant to fan-failures. According to Enexio (no date),
lower overall plant heights are possible for induced draught systems. This
reduces their visual impact, structural weight, construction periods, and capital
investment costs.

Ultimately, the decision of using either a forced or induced draught configuration
depends on the operating temperatures, fan accessibility, process specifications,
ambient conditions, fouling, and other practical considerations (Kröger, 1998).
The current study focusses on the induced draught construction.

1.2 Motivation
According to Moore et al. (2014), the high operating costs and reduced plant
efficiencies associated with ACCs render them unattractive. There is a need
for more efficient dry-cooling systems for CSP application. In the design of an
effective ACC, Monroe (1978) and Kröger (1994) emphasise the importance
of taking the entire fan system into account when computing the fan system
efficiency. It will inevitably be lower than the efficiency reported under ideal
and reproducible conditions.

While the high discharge velocities associated with induced draught ACCs
aid in the avoidance of hot-plume recirculation and reduce sensitivity to wind
effects, the kinetic energy at the fan exit that dissipates into the atmosphere is
substantial. This wasted energy is seen as a loss by the fan system, reducing
the fan total-to-static efficiency. An exhaust diffuser or a stator, or both, can
be installed in an attempt to recover a portion of the lost kinetic energy at
the outlet plane of the ACC. Walter et al. (2018) show that this will indeed
increase the static efficiency of the fan system.
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1.3 Research Objective
The current study investigates the potential for increasing the total-to-static
efficiency of the fan system employed in an induced draught ACC by reducing
the outlet kinetic energy loss. This reduction is achieved by a process termed
pressure recovery, which is the conversion of kinetic energy to pressure energy.
Pressure recovery also shifts the operating point to a higher volume flow rate,
which allows for increased heat removal rates.

The fan under consideration in this study is the M-fan that was designed by
Wilkinson (2017). Various fan discharge configurations were tested by means
of numerical analysis. The investigation includes different conical and annular
diffusers fitted with or without stators. The stators were either located between
the fan exit and diffuser inlet, or at the diffuser outlet. The outcome of the
study will indicate which outlet configuration produces the highest pressure
recovery for the M-fan at both design and off-design conditions. It will also
reveal how pressure recovery affects the operating point of the fan in terms of
efficiency and volumetric flow rate.

1.4 Thesis Outline
The study commences with a literature review in Chapter 2 that provides
research and insight into ACCs, axial flow fans, diffusers, and stators. Research
on modelling strategies for flows in adverse pressure gradients and flows involving
turbomachinery blading are also provided. Chapter 3 outlines an analytical
investigation aimed at quantifying the potential gains in fan performance
when minimising the outlet kinetic energy loss. It serves to identify the
major contributing factors in pressure recovery. Details of numerical modelling
strategies for blading, turbulence, and near-wall flows are given in Chapter 4.

Since experimental data are not available for validation purposes, a validation
study on a similar test case was conducted prior to the M-fan simulations. The
details of the validation study are outlined in Chapter 5. Chapter 6 presents
the detailed numerical analysis of various outlet configurations for the M-fan.
Parametric studies were conducted to find the configurations that provide the
highest pressure recoveries at the design flow rate. The different configurations
were then compared at off-design flow rates to see which configuration performs
the best globally. These data were used to construct fan-diffuser characteristic
curves. They illustrate how the operating point is affected by pressure recovery.
Conclusions and recommendations are contained in the final chapter, Chapter 7.



Chapter 2

Literature Review

2.1 Introduction
This chapter covers literature that pertains to the current research project. It
starts by providing background information on the design methodology that was
followed to design the particular fan of interest, i.e. the M-fan. Thereafter, the
concept of pressure recovery (or kinetic energy recovery) is introduced and its
relevance to axial flow fans is made apparent. It is followed by sections that cover
the two main methods of achieving pressure recovery, i.e. diffusion through
diffusers or stators. Since the current project is a numerical investigation,
the final section is dedicated to aspects of the modelling of flow in diffusers
and stators. It includes the modelling of turbulence and near-wall treatment
methods in diffusing flows as well as the modelling of turbomachinery blading.
The main findings are summarised in the concluding section.

2.2 Axial Flow Fans in Air-Cooled Condensers
As outlined in Chapter 1, air-cooled condensers (ACCs) can be used instead of
wet-cooling systems to save water in the condensing process of a steam power
plant. ACCs typically employ axial flow fans since they require relatively high
volume flow rates and low pressure rises at operating conditions. Bruneau
(1994) developed an axial flow fan design methodology for ACC application.
However, Wilkinson et al. (2017) claim that his method produces excessive
chord lengths and blade twists at the hub when applied to modern ACC fans.
That is because modern ACCs operate at higher flow rates with lower pressure
rise requirements.

An article by Von Backström et al. (1996) describes the minimisation of the
exit kinetic energy loss of an axial flow fan by optimising the outlet velocity
distribution. Although they only managed to decrease the outlet kinetic energy

4
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flux by 1.8 % compared to free-vortex fans, Van der Spuy (1997: 7) noticed that
the resulting exit velocity distribution could lead to a 50 % reduction in blade
twist. Wilkinson et al. (2017), therefore, adopted this method to calculate the
outlet velocity distribution of the M-fan in order to alleviate the problem of
excessive blade twist at the hub.

2.3 Pressure Recovery
Monroe (1978) explains that the total pressure delivered by an axial flow fan
comprises of two components: the static pressure that works against the sum
of the system losses, and the dynamic (or velocity) pressure that is a loss
associated with accelerating the stagnant surrounding air to the design velocity.
Walter et al. (2018) theoretically estimated the static efficiency increase of an
axial flow fan when reducing the dynamic pressure loss. They compared the
performance of three discharge configurations at a typical design point. These
included a rotor-only unit, a rotor-stator unit, and a rotor-stator unit fitted
with an annular exhaust diffuser. The diffuser length was equal to the fan
diameter.

A stator eliminates the circumferential component of the dynamic pressure loss.
A diffuser reduces the axial and circumferential components of the dynamic
pressure loss. That is because, in an expanding duct, the conservation of mass
and angular momentum dictate the reduction in axial and circumferential
velocity, respectively. Walter et al.’s (2018) study reveals that the fan unit
benefits considerably from the addition of a stator and a diffuser. The efficiency
ratio, ηFs/ηFt, at the selected design point is 7 % higher for the rotor-stator unit
compared to the rotor-only unit. Adding an annular diffuser to the rotor-stator
unit increases the efficiency ratio by a further 20 %. The static efficiency of the
rotor-only unit can, therefore, be increased by 27 % at this particular design
point.

2.4 Diffusers
A subsonic diffuser is a geometrically simple device, i.e. an expanding duct. Its
purpose is to convert dynamic pressure to static pressure—a process termed
static pressure recovery. An effective diffuser converts a high percentage of
kinetic energy to pressure energy within a given length or area ratio (Blevins,
1984: 144). The adverse pressure gradient in a diffuser decelerates the flow,
which thickens the boundary layer. If the pressure gradient is excessive, the flow
will separate from the walls, reducing the effective flow area in the diffuser. This
is known as diffuser stall and is usually associated with reduced performance.
Therefore, although a seemingly simple flow device, the length and expansion
angle of a diffuser should be selected with care: A divergence angle that is too
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shallow for a specified area ratio will result in a lengthy unit with high skin
friction losses; an excessive divergence angle will result in even greater losses
due to diffuser stall (Dixon and Hall, 2014: 271–272).

Wallis (1983: 89–90) provides charts with recommended included angles for two-
dimensional, conical, and annular diffusers with converging or diverging hubs.
The conical diffuser data were collected from McDonald and Fox (1966) and
the annular diffuser data from Wallis (1975) and Shepherd (1974), respectively.
No tailpipe was present in any of these experimental studies. A tailpipe is a
cylindrical extension that can be added to the outlet of a diffuser to facilitate
large scale mixing. It improves the uniformity of the discharge velocity profile
distribution, which increases pressure recovery (Miller, 1978).

2.4.1 Diffuser performance evaluation

Sovran and Klomp (1967: 274–276) explain the difficulties associated with
measuring diffuser performance, especially in the presence of swirl. Usually,
diffuser performance is associated with static pressure recovery. A relative
measure of the pressure producing capability of a diffuser is to compare the
measured pressure rise with an “ideal” pressure rise. Assuming a zero total
pressure loss, Blevins (1984: 144) shows that the ideal diffuser pressure rise for
non-uniform axial inlet flow is given by

pso,id − psi

ρU2
zi/2

∣∣∣∣
non-uniform

= αei − αeo
(
Ai

Ao

)2

, (2.1)

where ps is static pressure, ρ is density, Uz is the mean axial velocity, αe is the
kinetic energy correction factor, and A denotes cross-sectional area. The “i”
and “o” subscripts refer to inlet and outlet conditions, respectively, and “id”
denotes ideal conditions.

Sovran and Klomp (1967: 275) argue that this non-uniform definition for diffuser
performance is inconvenient since it requires information about the inlet and
outlet velocity profiles. Therefore, a more convenient, yet less meaningful,
pressure recovery coefficient is defined based on uniform axial flow conditions.
It relates the actual pressure rise to the highest possible pressure rise, viz.,

Cp =
pso − psi

ρU2
zi/2

. (2.2)

The overall diffuser effectiveness relates the actual pressure rise to the pressure
rise achievable from the same geometry at the same flow rate while assuming
ideal uniform flow conditions, viz.,

ηdif =
pso − psi

pso,id − psi

=
(pso − psi)/(ρU

2
zi/2)

(pso,id − psi)/(ρU2
zi/2)

=
Cp
Cp,id

. (2.3)
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The ideal pressure recovery coefficient is the same as Eq. (2.1), but for uniform
flow (i.e., αei = αeo = 1):

Cp,id = 1− (Ai/Ao)2. (2.4)

In practice, Cp and ηdif will generally be smaller than Cp,id and unity, respec-
tively. However, if the inlet velocity profile is peaked and the outlet profile
nearly uniform, it is possible for Cp to exceed the ideal value and ηdif to exceed
unity (Sovran and Klomp, 1967: 276; Blevins, 1984: 148).

According to Wallis (1983: 91), diffuser effectiveness data above 0.90 for two-
dimensional, conical, and annular diffusers with thin inlet boundary layers
and no tailpipes have been reported—near the theoretical maximum of 0.94.
For thick inlet boundary layers, peak effectiveness is normally higher than
0.80. Flow asymmetry or non-uniformity will reduce the performance further.
Wallis (1983: 92) and Eck (1973: 277) recommend using a conservative diffuser
effectiveness of 0.80 for diffusers with symmetrical inlet flow conditions and
near-optimum geometries. However, Kröger (1998: 6.4.9) states that since the
velocity distributions at the fan and diffuser outlets are not uniform, this
estimate can only give approximate performance characteristics. If possible, the
fan and diffuser should be tested together to obtain fan-diffuser performance
characteristics that are fit for design purposes.

Diffuser performance is generally a function of its geometry, Reynolds number,
and flow conditions at the inlet and outlet. Of these, diffuser geometry has
the most significant impact on performance (Blevins, 1984: 149–151). Sovran
and Klomp (1967: 291) compared the optimum performance lines for annular,
conical, and two-dimensional diffusers. They found that the area ratio and
non-dimensional length are the dominant factors influencing optimum diffuser
geometry, regardless of diffuser type.

Even though it is often impractical to account for non-uniform effects, Sovran
and Klomp (1967: 292–293) concede that the performance of optimum or near-
optimum diffuser geometries is heavily influenced by it. They adopted the
definition of mass-averaged total pressure to predict diffuser performance for
non-uniform flow. Substituting

pso − psi =
(
αeiρU

2
zi/2− αeoρU2

zo/2
)
− (pti − pto) (2.5)

into Eq. (2.3) and simplifying yields

ηdif =
αei − αeo(Ai/Ao)2

1− (Ai/Ao)2 − Kdif

1− (Ai/Ao)2 , (2.6)

where the diffuser loss coefficient is defined as

Kdif =
pti − pto

ρU2
zi/2

. (2.7)
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Equation (2.6) illustrates that effectiveness values can decrease as a result
of distortion of the velocity profile (i.e., αeo > αei) or losses (i.e., Kdif > 0).
According to Sovran and Klomp (1967: 293–296), the first term in Eq. (2.6)
represents the reduction in effectiveness due to insufficient diffusion, whereas
the second term represents losses due to viscous effects, hence inefficient
diffusion. They showed that diffuser effectiveness primarily decreases due to
velocity profile distortions. They thus concluded that the problem with most
diffusers is insufficient rather than inefficient diffusion.

With the importance of the velocity profile made apparent, Sovran and Klomp
(1967: 296) continue to explain the reason for profile distortion encountered
in diffusers: The pressure and velocity changes along any streamline of an
incompressible flow are related by

dustream =
(dpt − dps)

ρustream

. (2.8)

In the absence of losses (i.e., dpt = 0), this equation indicates that the change
in velocity along a streamline is inversely proportional to the local velocity. In
diffusing flows (i.e., dps > 0), the velocity will decrease and it will decrease
more in areas where the local velocity is low. Velocity differences will thus
increase in the flow direction, distorting the velocity profile. Miller (1978: 36)
confirms this. He states that the velocity near the walls rapidly decreases at
the initial sections of the diffuser, while the core flow is essentially unaffected.

Peters (1934) states that the uniform definitions for diffuser performance given
by Eqs. (2.2) to (2.4) are inadequate for arbitrary kinetic energy distributions.
Since the purpose of a diffuser is to convert kinetic energy into potential energy,
he defined a mass-averaged efficiency giving the ratio of actual pressure energy
rise to kinetic energy decline, viz.,

ηdif =
1/Ao

∫∫
psouzo dAo − 1/Ai

∫∫
psiuzi dAi

1
2
ρ
[
1/Ai

∫∫
u2

i uzi dAi − 1/Ao

∫∫
u2

ouzo dAo

] , (2.9)

where u is the velocity magnitude. McDonald et al. (1971) followed the same
rationale to formulate an area-averaged definition for diffuser performance with
swirling (or non-uniform) inlet flow, viz.,

Cp =
1/Ao

∫∫
pso dAo − 1/Ai

∫∫
psi dAi

1
2
ρ(1/Ai)

∫∫
u2

i dAi

. (2.10)

Note that the denominators in Eqs. (2.9) and (2.10) include the kinetic energy
contained in both the swirling and axial components.

2.4.2 Conical diffusers

The performance of a conical diffuser is a function of its geometry, Reynolds
number, and the inlet and outlet velocity profiles. The data of Miller (1978)
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suggest that pressure recoveries with thick inlet boundary layers are five to 15 %
lower compared to thin inlet boundary layers. Similarly, diffuser performance
declines with decreasing Reynolds number (due to increased boundary layer
thickness). McDonald and Fox (1966) found that for inlet Reynolds numbers
above 7.5× 104 the inlet boundary layer becomes fully turbulent. Diffuser
performance then becomes independent of Reynolds number.

A performance chart for conical diffusers with free discharges is given in
Fig. 2.1. The area ratio is equal to the diffuser outlet area over its inlet area,
or AR = (do/di)

2. The length ratio is equal to the diffuser length, ldif , divided
by its inlet radius, ri. The dashed C∗p -line represents the locus of points that
coincide with the area ratios producing the maximum static pressure recovery
for a given non-dimensional length; the C∗∗p -line represents the locus of points
that coincide with the non-dimensional length producing the maximum static
pressure recovery for a given area ratio.
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Figure 2.1: Static pressure recovery coefficient for conical diffusers with a
thin inlet boundary layer and Redi > 7.5× 104 (McDonald and Fox, 1966)

According to Miller (1978: 41), diffusers that fall in the region to the right of the
C∗∗p -line are stable, but unnecessary long. Above the C∗p -line, steady-state stall
develops and diffuser performance is poor. Most practical diffusers are within
the region between the C∗p and C∗∗p lines. Here the outlet flow distribution
becomes very non-uniform with areas of stall and pressure fluctuations. Wallis
(1983: 86) also states that diffusers designed for maximum pressure recovery
within a given length are characterised by a small degree of periodic separation.
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However, McDonald and Fox (1966) and Blevins (1984: 151) state that this
is only true for two-dimensional diffusers. McDonald and Fox (1966) showed
that the C∗p -line always lies above the line of first appreciable stall for two-
dimensional diffusers. This means that a degree of stall will be present in
optimum two-dimensional diffusers. For conical diffusers, however, they found
that the C∗p -line lies below the line of first appreciable stall. Optimum conical
diffusers will thus be stable and free from stall.

According to Kröger (1998: 6.4.9), a practical conical diffuser downstream of
an axial flow fan usually lies within the 12° ≤ 2θ ≤ 17° range. Eck (1973: 279)
argues that it is impossible to state exact rules for diffusion angles. Half-angles
may vary as wide as 5° to 20° depending on the Reynolds number and turbulence
quantities, even though the narrower range of 7° to 9° is often envisaged.

2.4.3 Annular diffusers

Four parameters are required to describe the geometry of a straight-walled
annular diffuser: inner and outer wall angles, inlet radius ratio, and non-
dimensional length. Two more parameters are thus required than in the
case of conical diffusers. This complicates the generalisation of performance
characteristics for annular diffusers.

Sovran and Klomp (1967: 285) experimented with over a hundred diffuser
geometries in search of optimum-geometry lines that are useful for design
application. The experiments were conducted at low Mach numbers, high
Reynolds numbers, and with thin turbulent inlet boundary layers. They
performed all experiments with non-swirling inlet conditions and free discharge
outlet conditions.

In an attempt to find C∗p and C∗∗p lines for annular diffusers, Sovran and
Klomp (1967: 286–287) plotted pressure recovery versus area ratio at fixed
non-dimensional lengths, and pressure recovery versus non-dimensional length
at fixed area ratios. Combining the results, they generated the performance
chart shown in Fig. 2.2. The area ratio is given by

AR =
(
r2

Co − r2
Ho

)
/
(
r2

Ci − r2
Hi

)
, (2.11)

where rC is the radius to the outer casing wall and rH is the radius to the inner
hub wall. The length ratio is equal to the diffuser length, ldif , divided by the
annular width at the diffuser inlet, i.e. ∆ri = rCi − rHi. From the experiments,
they observed that the optimum geometry at fixed wall length (i.e., the C∗p -line)
is essentially independent of the combination of wall angles and inlet radius
ratio. Subsequently, they concluded that the performance of annular diffusers
of widely differing geometries could be expressed in terms of a length and area
ratio.
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Figure 2.2: Static pressure recovery coefficient for annular diffusers with a
thin inlet boundary layer and Re∆d = 6.0× 105 (Sovran and Klomp, 1967: 289)

However, Wallis (1975) established that the optimum design solution of Sovran
and Klomp (1967) does not cover all annular diffuser geometries. Russell
and Wallis (1969) found that inner, rather than outer, wall geometry plays
a more significant role in diffuser performance. Subsequently, Kneen (1970)
and Wallis (1975) tested multiple centre bodies with conical and cylindrical
sections. There was no substantial difference in diffuser performance between
the different conical hub geometries and whether they were streamlined or
not. However, performance dropped sharply when no centre body was present.
Reverse flow persisted for about a single duct diameter downstream of the bluff
termination, resulting in unsteady diffuser flow due to large-scale turbulence at
the diffuser inlet. A centre body thus generally improves diffuser performance.
The problem of centre body separation, however, remained unsolved.

In an attempted to transport momentum towards the centre body, Wallis (1975)
tested swirl vanes and a ring aerofoil. The swirl vanes were relatively ineffective.
The ring aerofoil suppressed flow separation from the inner and outer walls, but
separation from the ring aerofoil itself resulted in poor performance. Promising,
but limited, results were obtained using expanding centre bodies. Therefore,
Shepherd (1974) did a continuation of this work, focussing on expanding
centre bodies. He experimentally studied the effects of different wall angle
combinations on the performance of divergent centre body annular diffusers
downstream of an axial flow fan. In exhaust application, he found that divergent
centre bodies yield shorter diffusers than convergent centre bodies for a specified
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performance. Moreover, diffusers with divergent centre bodies are less sensitive
to the adverse effects of inlet swirl.

Shepherd (1974) postulated that there is an analogous conical diffuser for
any annular diffuser that would suffer the same losses with equivalent inlet
conditions. They are considered analogous if their area ratios are equal and
their wall angles are related by

tan θ =
tan θC − xh tan θH

1 + xh
, (2.12)

where θ is the half-wall angle of the conical diffuser (i.e., the angle measured
from the axial), θH and θC are the inner hub and outer casing half-wall angles
of the annular diffuser, and xh is the inlet radius ratio of the annular diffuser.

For a given performance, the area ratio that corresponds to a specified length
ratio can be selected from conical diffuser performance charts (as contained in
Fig. 2.1). With the area and length ratios known, provided that inlet swirl is
moderate, Shepherd (1974) demonstrated that the wall angle combination that
will yield the shortest annular diffuser for the specified performance is given by

tan θC =

√
AR− 1

ldif/rCi

, (2.13a)

tan θH = xh tan θC. (2.13b)

Adkins (1983) had a similar idea to correlate data for optimal conical diffusers
to annular diffusers. He achieved this using a non-dimensional pressure gradient
correlating parameter, G. He postulated that an annular diffuser with the
same values of G along its length as the optimal conical diffuser of the same
area ratio would also be optimised to produce the maximum pressure recovery
within the available length. Such annular diffusers will generally have at least
one curved wall. Sherras (1980) performed experiments on two sets of annular
diffusers with constant inlet radius ratios and cylindrical centre bodies. Each
set had three diffusers: one designed following Adkins (1983), and the others
had slightly smaller and larger area ratios, respectively. For both sets, the
Adkins (1983) diffuser gave the highest pressure recovery.

Since there are relatively little design data for annular diffusers, Miller
(1978: 174) advocates the use of conical diffuser data, provided that the
divergence angle from the axial is smaller than 20°. The non-dimensional length
for conical diffusers, ldif/ri, should then be replaced by the non-dimensional
length for annular diffusers, ldif/∆ri, (see Figs. 2.1 and 2.2). Note that optimal
annular diffusers are generally stable and free from stall (Blevins, 1984: 153).
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2.4.4 Inlet flow distortion

Inlet flow conditions greatly influence diffuser performance. After Russell and
Wallis (1969) established that the hub geometry is more important than the
casing geometry, Wright et al. (1970) found that annular diffuser performance
is even more sensitive to inlet flow conditions. Johnston (1953) reported that
flow non-uniformity and asymmetry at the inlet of annular diffusers decrease
its performance, especially those with larger wall angles.

Hill et al. (1963) found that pressure gradients heavily influence the decay of
wakes produced by flow obstructions: The wake-type distortions caused by
upstream blading or struts could lead to diffuser stall if the pressure gradient
is large enough. Raj and Lakshminarayana (1973) found that flow properties
across the wake downstream of a cascade of aerofoils were asymmetrical up
to three-quarters of the chord length. Sufficient axial clearance is, therefore,
required between upstream blading and a diffuser.

2.4.5 Inlet swirl effects

Rotational flow at the inlet of a diffuser can be beneficial for its performance
(Wallis, 1983: 106). The swirling flow will be accompanied by outward radial
flow due to a radial pressure imbalance. The radial flow increases the axial
velocity near the diffuser wall due to mass conservation. This energises the
near-wall flow, which suppresses flow separation. Consequently, swirling flows
can accommodate larger divergence angles. According to Miller (1971: 84),
wide-angled diffusers with free discharge outlet conditions having half-wall
angles larger than six degrees and area ratios larger than two, benefit the most
from swirl. Wallis (1983), on the other hand, states that the benefits of swirl
are scant and often countered by the losses associated with it—such as a higher
outlet dynamic pressure loss. He concedes that it is generally accepted that
swirl angles up to ten degrees may prove beneficial. However, rotor-only axial
flow fans usually have larger outlet swirl angles.

Some of the earliest work on swirling flow in conical diffusers was done by
Peters (1934). He reported an increase in diffuser efficiency for increased levels
of swirl. However, McDonald et al. (1971) pointed out that it is unclear whether
the efficiency increase was due to increased swirl or due to decreased inlet
boundary layer thickness. Srinath (1968), referenced in McDonald et al. (1971),
reported beneficial effects from swirl for equiangular annular diffusers with fully
developed inlet flow. He found maximum pressure recovery with a swirl angle
equal to the total divergence angle of the annular walls. The swirl angle was
essentially constant across the diffuser inlet.
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McDonald et al. (1971) performed experiments to determine the effect of a
forced-vortex (or solid-body) inlet swirling flow on the performance of conical
diffusers. They used 24 different diffusers with total divergence angles within
the range of 4.0° to 31.2°. Moderate levels of swirl had no marked effect on
unstalled diffusers under axial flow conditions. However, swirl significantly
improved the performance of the diffusers that normally would have stalled.
The geometry of optimum diffusers with inlet swirl is different from those with
axial inflow: The line of optimum performance for fixed length ratios (i.e.,
the C∗p -line) shifts to the left. Figure 2.3 illustrates this. Consequently, with
the appropriate level of swirl, a shorter diffuser can be used to give the same
performance.
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Figure 2.3: Effect of inlet swirl on the line of optimum performance at
constant length ratios for conical diffusers (McDonald et al., 1971)

Furthermore, McDonald et al. (1971) found that the performance of diffusers
that benefit from swirl increases with swirl up to a point whereafter it starts to
deteriorate. Pressure recovery as a function of swirl thus has a maximum rather
than an asymptotic behaviour. Excessive swirl generates a stagnation bubble
at the diffuser centreline, which decreases the effective flow area and thus
performance. Harvey (1962) gave the criterion that if the angular momentum
exceeds the axial momentum, a stagnation bubble will form. Since swirl angles
tend to increase through a diffuser, the stagnation bubble is expected to start
forming at the diffuser exit and move towards the inlet as swirl increases. So
(1967) observed this flow behaviour in a conical diffuser with an included angle
of 6° and an area ratio of 2.94. McDonald et al. (1971) added that the Harvey
(1962) criterion holds only approximately for real swirl distributions.
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Neve and Wirasinghe (1978) did comprehensive tests on conical diffusers with
total divergence angles of 10°, 20° and 30°—all having area ratios of four. They
introduced three levels of forced-vortex swirl intensities at the diffuser inlets.
Improvements were only observed for the 20° and 30° diffusers, which would
have suffered from flow separation with axial inlet flow conditions. They ascribe
this improvement to the beneficial redistribution of the axial velocity profiles:
The kinetic energy flux factor, αe, in the downstream sections of the diffusers
with inlet swirl was smaller compared to the ones without inlet swirl.

Senoo et al. (1978) studied the influence of swirl on conical diffuser performance
using diffusers with divergence angles of 8°, 12°, 16°, 20° and 30°. The area
ratio of all of them was slightly larger than four. They used a Rankin-vortex
inlet swirl distribution. This distribution has a free-vortex outer part with
uniform axial velocity and a forced-vortex inner part where the axial velocity is
zero. They used a non-dimensional parameter, S, to quantify the swirl intensity.
It is the ratio of angular momentum to axial momentum passing through a
pipe section of radius R, viz.,

S =

∫ R
0
uzuθr

2 dr

R
∫ R

0
u2
zr dr

. (2.14)

With higher swirl intensities, the centreline axial velocity decreases and the
velocity profile becomes more distorted. The axial pressure gradient near the
centre is also considerably larger than near the wall. Shear forces balance these
pressure forces acting on the core. The effect of the shear is to rapidly increase
the radius of the forced-vortex core in the streamwise direction. The stronger
the swirl, the larger the core becomes. Moderate levels of swirl can, therefore,
improve the uniformity of the axial velocity profile and thus improve diffuser
performance. Excessive swirl, however, forms a large forced-vortex core with
low axial velocity. The effective cross-sectional area then decreases and diffuser
performance is adversely affected. Senoo et al. (1978) concluded that there is
an optimum diffuser opening angle with a corresponding optimum inlet swirl
intensity. In their case, the 2θ = 8° diffuser produced the highest pressure
recovery for all levels of swirl. The optimum inlet swirl intensity was in the
order of Si = 0.10 to 0.12. Reverse flow started at the centre when Si = 0.18.

Okhio et al. (1983) experimentally investigated the effect of swirl on wide
angled conical diffusers. They used Rankin-vortex inlet swirl distributions with
intensities of 0, 0.034, 0.055 and 0.854. A single diffuser with a total divergence
angle of 16.5° and an area ratio of 4.4 was used. They also found that swirl
improves diffuser performance up to a point after which it starts to deteriorate.
Swirl increases the velocity near the wall and decreases it near the centre. With
Si = 0.854, no separation from the wall was observed, but a recirculating core
was present. The best results where achieved with Si = 0.055.
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Kumar and Kumar (1980) experimented with swirling flows in annular diffusers
with diverging centre bodies. Inlet swirl increased the overall static pressure
recovery, especially for shorter and otherwise stalled diffusers. The largest
portion of pressure recovery occurs at the initial stages of the diffuser, after
which it flattens off. Swirl significantly reduces the chances of stall at the casing
but shifts it to the hub. Moreover, they found that the optimum level of swirl
is specific to a particular diffuser geometry.

Singh et al. (1994) did experimental work on the effect of forced-vortex inlet
swirl on wide-angled annular diffusers with equal hub and casing wall angles.
They tested three diffusers with wall angles of 20°, 25° and 30°—each at three
maximum swirl angles of 12°, 17° and 25°. Swirl improved the pressure recovery
in all the diffusers. The 30° diffuser with the highest degree of swirl gave the
highest pressure recovery.

Mohan et al. (1998) performed a computational study to determine the best
performance for a set of annular diffusers with and without inlet swirl. They
tested three annular diffusers with area ratios of three under different levels
of inlet swirl. The diffusers had equivalent cone angles of 12.5°, 15° and 17.5°.
Singh et al. (2006) define the equivalent cone angle as

θequiv = arctan

(
dequiv,o − dequiv,i

2ldif

)
, (2.15)

where dequiv,i and dequiv,o are the diameters of the equivalent circular areas at
the diffuser inlet and outlet, respectively. As in agreement with other studies,
Mohan et al. (1998) found that the pressure recovery increases with swirl up to
a point whereafter it deteriorates. With insufficient swirl, the velocity profile
is skewed towards the hub and separation is expected to start at the casing.
With excessive swirl, it becomes skewed towards the casing and separation
is likely to start at the hub. The shorter and wider the diffuser, the more
swirl is needed to improve its performance and the more sensitive it becomes
to the correct level of swirl. Note that this study employed the standard k-ε
turbulence model with an upwind differencing scheme. These are not expected
to yield accurate results for such complex flows. Nevertheless, the overarching
trends are insightful and agree with literature.

Arora and Pathak (2009) numerically investigated the effect of swirl in annular
diffusers. These diffusers had four different geometrical configurations but
the same equivalent angle of ten degrees and an area ratio of two. The first
had a cylindrical hub with a diverging casing and the second had equiangular
diverging walls. The third diffuser had a diverging hub and casing of unequal
angles. The fourth had a converging hub and diverging casing. Experimental
inlet velocity profiles with and without swirl were used for the analysis. They
tested the standard, realisable and RNG k-ε turbulence models. The RNG
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variant agreed the closest with experimental data. They concluded that for all
the diffusers except the one with the converging hub, pressure recovery improved
with the addition of swirl up to 17° and then started to deteriorate. Any level
of swirl reduced the performance of the diffuser with the converging hub. The
diffuser with equiangular walls produced the highest pressure recovery.

Singh et al. (2006) performed a similar numerical investigation on the same
four types of annular diffusers as tested by Arora and Pathak (2009), but with
a constant area ratio of three, an axial length of 300 mm, and an equivalent
cone angle of 15°. They found that the equiangular diffuser performed the best
with swirling inlet flow. With stronger levels of inlet swirl, it and the unequal
diverging hub and casing diffuser performed better than the diffusers with
straight and converging hubs. The performance of the diffusers with straight
and converging hubs was highly sensitive to inlet swirl. The diffuser with the
converging hub performed the worst when swirl was introduced.

2.4.6 Diffuser performance enhancement

Short diffusers with large area ratios are often desired due to space limitations
and cost advantages. This can be achieved by inserting vanes into a wide-angled
diffuser, which reduces the included angles of the individual passes. However,
the manufacturing difficulties and costs associated with conical vanes for conical
diffusers have restricted its use in practice (Wallis, 1983: 96).

A tailpipe can convert excess dynamic pressure to static pressure by large-scale
mixing (Miller, 1978: 37). For axial flow fan application, diffusion also takes
place in a tailpipe since the annular area at the fan, due to the hub, increases
to the area of the duct (Eck, 1973: 276). Depending on the inlet conditions and
area ratio, a tailpipe of two to six outlet diameters can be added to an optimum
diffuser for a small increase in pressure recovery (Wallis, 1983: 89). According
to Miller (1978: 41), the tailpipe length is typically around four diameters.

Diffuser performance can be improved by removing the low-energy fluid near
walls or re-energising the near-wall flow. It is very effective, but often impractical
(Miller, 1978: 39). An upstream fan, however, can act as a vortex generator to
help bring high-energy flow towards the walls to energise the near-wall flow.

2.5 Stators
Three main configurations are commonly encountered in axial flow fan appli-
cations: rotor-only units, prerotator-rotor units (rotor with inlet guide vanes),
or rotor-stator units (rotor with outlet guide vanes). According to Wallis
(1983: 303–304), induced draught ACC fans are usually rotor-only units because
pressure rise requirements are relatively low. However, swirl energy is a loss
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in fan systems that are devoid of stators (Wallis, 1983: 260). He, therefore,
believes that increasing power costs will force fan industries to consider the
use of stators. McKenzie (1997: 24) advocates for the use of a stator if the flow
angle at the rotor outlet is larger than 15° and smaller than 45°.

According to Eck (1973: 231), outlet guide vanes (OGVs) are more common
than inlet guide vanes (IGVs). OGVs turn the flow exiting the fan rotor
towards the axial direction, decreasing the absolute velocity. Consequently, the
static pressure rises in both the rotor and OGVs (whereas it drops in IGVs).
Moreover, the velocities encountered by the blade passages are lower than in
prerotator-rotor units, which implies reduced drag losses. Therefore, properly
designed rotor-stator units are potentially more efficient than rotor-only and
prerotator-rotor units (Wallis, 1983: 304). However, since flow straightening is
a process of diffusion, OGVs are more susceptible to stall than IGVs. Smaller
turning angles are thus possible, which is why Wallis (1983: 183) recommends
a maximum swirl coefficient of 1.1 for OGVs as opposed to 1.4 for IGVs.

If the axial clearance between rotor and stator blades is too small, the pressure
and velocity fields surrounding the blades interfere. Howell (1945) studied axial
compressors and reported no change in load characteristics for axial clearances
of 1/6 to one chord length. Below 1/6 chord, the stage pressure and temperature
rise increased. Wallis (1983: 291) recommends straightener vanes to be located
at least half a rotor blade chord length downstream of the blade trailing edge to
minimise interference noise. The number of rotor and stator blades must also
be unequal and have no common factor. In addition, the product of the number
of stator blades and the rotational speed of the rotor should not coincide with
a natural frequency of the rotor blades.

Marks and Weske (1934) designed and tested an axial flow fan intended for
relatively high pressure duties. Their study aimed to investigate how the
number of stator blades and axial clearance between it and the rotor affect fan
performance and noise levels. The fan had three blades, a diameter of 0.49 m, a
hub-to-tip ratio of 0.5, and a tip clearance of 25 mm. They performed efficiency
tests with zero, five and ten stator blades whilst keeping the axial clearance
between the rotor and stator constant at 35 mm. The static pressure at the
point of maximum efficiency rose as the number of stator blades increased.
At 3000 rpm, the total efficiency increased from 70 % with no stator blades
to 79 % and 81 % with five and ten blades, respectively. However, increasing
the number of stator blades results in steeper efficiency curves, making the
fan unit more sensitive to off-design conditions. Thereafter, they varied the
axial clearance between the fan and stator from 9.5 mm to 44.5 mm. It had a
significant impact on the noisiness of the fan. Peak efficiency was reported with
a clearance of 25 mm, but the noise was unacceptably loud. As a compromise,
a clearance of 35 mm was adopted.
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Terzis et al. (2012) experimentally investigated the effect of downstream guide
vanes on the heat removal capability and performance characteristics of a small
axial cooling fan. It had seven rotor blades with a hub-to-tip ratio of 0.4
followed by nine guide vanes. Pressure recovery was achieved with the guide
vanes, resulting in a static efficiency increase in the order of ten per cent at a
given mass flow rate and rotational speed. The inclusion of guide vanes did
not alter the velocity triangles at the rotor nor the fan power consumption.

Munisamy et al. (2015) aimed to improve the efficiency of an axial flow fan
using fixed guide vanes. A 12 bladed, 1.25 m diameter fan with a pitch angle
of 30°, a hub-to-tip ratio of 0.28, and a tip clearance of 7 mm was used in the
experimental investigation. The flow straightener had 13 vanes with a constant
thickness of 3 mm and 40° inlet angle. The chord length was 300 mm followed
by a 600 mm straight section to straighten the flow further. After adding the
guide vanes, the total efficiency increased by 5.12 % and the power consumption
decreased by 5.32 % near the design flow rate.

2.6 Numerical Considerations
The present study focusses on the flow downstream of a large axial flow fan. The
aim is to reduce the outlet dynamic pressure loss using a stator, or a diffuser,
or both. The problem at hand thus involves turbulent swirling flow that is
exposed to an adverse pressure gradient, which may cause flow separation. Lee
et al. (2012) state that such flows are amongst the most challenging flows to
compute with turbulence models. Closure models that employ the Boussinesq
approximation are generally unreliable for separated flows (Wilcox, 1998: 323).
The law of the wall is also not always applicable near solid boundaries, especially
when separation is expected (Wilcox, 1998: 174). According to Stewart et al.
(2013), opposing pressure gradients may cause asymmetries or disturbances
in both computational and experimental data, making such flows particularly
challenging to validate. There are thus challenges involved in simulating and
validating flows of this nature. The subsections to follow illustrate how these
challenges have been dealt with in the literature.

2.6.1 Modelling non-swirling turbulent flows under
adverse pressure gradients

The results of Lai et al. (1989) indicate that the k-ε turbulence model with wall
functions and a low-Reynolds-number variant of Chien (1982) are incapable of
computing the complex flow features in a 8° conical diffuser. Patel et al. (1985)
tested various low-Reynolds-number models on various flow scenarios. They
found that the model of Launder and Sharma (1974) performed reasonably well
overall. However, Patel et al. (1985) argued that the ad hoc damping functions
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used in most low-Reynolds-number turbulence models lack sound physical
basis. Durbin (1991) found it unattractive to use a fundamentally incorrect
model, and then correct it using arbitrary damping functions. He, therefore,
developed a turbulence model that can deal with near-wall turbulence without
the use of exponential damping functions or wall functions. It requires the
solution of the ordinary k and ε equations, with additional equations for the
turbulent stress normal to streamlines, v′2, and an elliptic damping function,
f . Durbin (1995) tested the v′2-f model for turbulent separated flows over a
backwards-facing step, in a planar diffuser, and around a triangular cylinder.
These are representative of large separation, smooth separation, and unsteady
vortex shedding. Although the original model was developed for attached and
mildly separated flows, good agreement with experimental data is reported.

Apsley and Leschziner (1999) did a numerical study on turbulence modelling
for non-swirling, separated flow in the asymmetric plane diffuser of Obi et al.
(1993). They tested isotropic linear and hybrid two-equation eddy-viscosity
models as well as anisotropic non-linear eddy-viscosity and stress-transport
models. Consideration was given to the modelling of the near-wall flow. The
study demonstrates the difficulty involved in turbulence modelling for such a
simple yet non-trivial flow. Based on the agreement with experimental data,
no class of turbulence model clearly outperformed the others.

Apsley and Leschziner (1999) concluded that standard linear eddy-viscosity
models that do not have strain- or vorticity-dependent corrections fail to
represent the flow in the Obi et al. (1993) diffuser. This diffuser is characterised
by a strong adverse pressure gradient that provokes separation. The SST
k-ω model predicted the general evolution of the diffuser flow but suffered
from premature separation. For the non-linear models, Apsley and Leschziner
(1999) found that it is the strain-dependent eddy-viscosity coefficient, and not
the anisotropic terms, that is responsible for the improved response to the
positive pressure gradient. However, none of these models predicted the correct
amount of reverse flow. Despite stress-transport models’ resting most firmly
on fundamental foundations, owing to the difficulty in modelling the pressure-
strain term, it does not guarantee better performance than simpler closures.
The modelling of the near-wall asymptotic behaviour in low-Reynolds-number
models also proved problematic since the high-Reynolds-number models with
wall functions outperformed the low-Reynolds-number variants.

Iaccarino (2001) also performed simulations on the Obi et al. (1993) diffuser
using different software packages and turbulence models. He focussed on the
low-Reynolds k-ε model of Launder and Sharma (1974) and the four-equation
v′2-f model of Durbin (1991). The agreement with experimental and LES data
using the v′2-f model was impressive. On the other hand, the k-ε model did not
predict separation at all and agreement with measured data was unacceptable.
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El-Behery and Hamed (2011) did a comparative study on the performance of
turbulence models using the Obi et al. (1993) diffuser. They tested the standard
k-ε model of Launder and Spalding (1974), the low-Reynolds k-ε model of
Launder and Sharma (1974), the standard k-ω model of Wilcox (1998), the
SST k-ω model of Menter (1994), a Reynolds-stress model (RSM), and the
v′2-f model of Durbin (1991) with the adaptions of Lien and Kalitzin (2001) for
improved stability. The standard k-ε and RSMs employed the non-equilibrium
wall functions of Kim and Choudhury (1995) that are sensitised to pressure
gradients. The results obtained with the v′2-f model agreed the best with
experimental data, followed by the standard and SST k-ω models. The standard
and low-Reynolds k-ε models performed very poorly. In comparison to the
better performing models, the RSM performed unexpectedly poor.

2.6.2 Modelling swirling turbulent flows under adverse
pressure gradients

Armfield and Fletcher (1989) as well as Cho and Fletcher (1991) used algebraic
stress models (ASMs) and k-ε turbulence models to compute the flow in a 8°
diffuser without swirl and a 20° diffuser with swirl. The ASMs outperformed
the k-ε models in the swirling and non-swirling cases. The standard k-ε model
predicted the mean flow poorly. However, the near-wall Reynolds-stress and
turbulent kinetic energy profiles were captured unsatisfactorily by both models.
Near the exit of the diffusers, turbulence quantities were overpredicted for the
non-swirling case and underpredicted for the swirling case.

Armfield et al. (1990) used an ASM and a k-ε turbulence model with the
two-layer wall function of Chieng and Launder (1980) to compute turbulent
swirling flow in conical diffusers. They simulated the solid-body rotation swirl
case of Clausen et al. (1993) and the free-vortex case of Senoo et al. (1978).
The ASM gave slightly better results, but it was less stable. They found that a
two-layer, rather than a single-layer, wall function was necessary to accurately
predict the level, location and axial variation of the near-wall peak in turbulence
quantities of the forced-vortex swirl. The near-wall peak in turbulence is also
substantially different from that encountered in non-swirling or free-vortex inlet
swirling flows. A solid-body rotation inlet swirl produces higher axial near-wall
velocities and lower centreline velocities compared to a free-vortex inlet swirl
distribution. The radial gradients of the near-wall turbulence quantities are
also much more pronounced with a forced-vortex inlet swirl distribution.

The experimental study of the swirling boundary layer developing in a conical
diffuser of Clausen et al. (1993) became known as the ERCOFTAC conical
diffuser test case and is commonly used for validation purposes. Several
two-dimensional computations on this diffuser are available in Rodi et al.
(1995). Gyllenram and Nilsson (2006) performed three-dimensional transient
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simulations on the ERCOFTAC diffuser using very large eddy simulation
(VLES). This method is a compromise between large eddy simulation (LES) and
traditional statistical turbulence models based on the Reynolds-averaged Navier-
Stokes (RANS) equations. LES often requires prohibitively large computational
meshes, and RANS turbulence models are often incapable of distinguishing
between large and small scale turbulence or unsteadiness. VLES applies a
filter to the RANS turbulence model instead of the instantaneous conservation
equations, as in LES. The purpose of the filter is to limit the influence of
the RANS model on the unsteady mean flow. VLES thus allows for much
coarser grids than LES. Gyllenram and Nilsson (2006) showed that this filtering
technique could substantially improve the results of the low-Reynolds-number
k-ω turbulence model. However, if the filter width is too narrow, the near-wall
asymptotic behaviour of the turbulence model is not captured correctly and
results deteriorate; if it is too large, the large-scale unsteadiness is not resolved.
Moreover, results are sensitive to the filter width and are grid-dependent.

Bonous (2008) performed a thorough investigation on the ERCOFTAC conical
diffuser using the open-source computational fluid dynamics (CFD) package,
OpenFOAM. The effects of domain geometry, discretisation practices, pressure
equation linear solvers, turbulence models, and boundary conditions were
considered. Solutions were found to be sensitive to the specified inlet turbulence
quantities and the order of the discretisation scheme. Results were insensitive to
the linear solver and cross-sectional grid topology. However, Bonous (2008) only
tested the standard k-ε and SST k-ω turbulence models with wall functions.
More insight into the turbulence modelling and near-wall treatment is needed.

Dhiman et al. (2011) used ANSYS FLUENT 12.1 to test the performance of
different turbulence models in conical diffusers with and without inlet swirl.
They tested five turbulence models using steady-state simulations: the standard,
realisable, renormalised group (RNG) k-ε, SST k-ω, and an RSM. To capture
the near-wall flow, they used the enhanced wall treatment two-layer zonal
model offered by FLUENT. It requires y+ ∼ 1 for the wall-adjacent cells. The
standard k-ε model and RSM agreed the closest with the experimental data of
Clausen et al. (1993), while the SST k-ω and RNG k-ε deviated the furthest.
Interestingly, they reported improvements as high as 60 % for the streamwise
velocity profiles near the centreline of the diffuser using a three-dimensional
domain compared to a two-dimensional axisymmetric domain. They believed
that the axisymmetric constraint might have eliminated physical aspects of the
problem. Nevertheless, Dhiman et al. (2011) conceded that there is room for
improvement. The turbulence models were incapable of capturing the details
of the swirling flow in the diffuser.
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Gatski and Speziale (1993) argue that the stress-strain relationship in traditional
ASMs is not explicit in complex flows, resulting in numerical stiffness problems.
They derived an explicit algebraic Reynolds-stress model (EASM) based on
the SSG second-order closure model of Speziale, Sarkar and Gatski (1991)
and applied it to non-trivial, two-dimensional turbulent flows involving shear
and rotation. The results compared favourably with experimental and LES
data. Furthermore, the EASM outperformed the standard k-ε model by some
margin. From et al. (2017) used an extension of the EASM, based on the work
of Wallin and Johansson (2000), to model the swirling flow in the ERCOFTAC
conical diffuser. From et al. (2017) used the k-ω baseline (BSL-kω) model
proposed by Menter (1994) to complete the two-equation EASM. The resulting
BSL-kω-EASM accurately simulated the turbulent swirling flow throughout
the ERCOFTAC conical diffuser. The agreement with experimental data for
both near-wall and core-flow profiles was exceptional.

2.6.3 Modelling near-wall flows

Kim et al. (2005) made a comparison of near-wall treatment methods using
different high-Reynolds-number turbulence models for flow over a backwards-
facing step. They tested standard wall functions, non-equilibrium wall functions
and a two-layer model with six different turbulence models. The standard wall
functions are based on the proposal of Launder and Spalding (1974). The non-
equilibrium wall functions of Kim and Choudhury (1995) are pressure-gradient
sensitised to improve upon the accuracy of the standard wall functions. In
the two-layer model, the computational domain is subdivided into a viscosity
affected region and a fully turbulent region. The viscosity affected region
employs the one-equation model of Wolfshtein (1969), and the fully turbulent
region employs the k-ε or RSM models. The study reveals that the combination
of the near-wall treatment and turbulence model affects results. Results
obtained with the non-equilibrium wall functions together with the RNG and
realisable k-ε models agreed the closest with the measured reattachment length,
skin-friction, and static pressure coefficient. The two-layer method, combined
with any turbulence model, provided physical velocity vectors. However, despite
the computational expense, its results compared poorly with measurements.

Kalitzin et al. (2004) developed adaptive wall functions for RANS turbulence
models. They are adaptive in that they do not restrict the location of the
first grid point between the wall and log-layer. The motivations behind the
development of adaptive wall functions are the potential gain in computational
efficiency due to smaller grid sizes and aspect ratios in the near-wall cells. It
also improves meshing flexibility. Standard wall functions require the first grid
point above the wall to lie within the logarithmic layer, but practical meshes
often violate this. If some wall-adjacent nodes fall within the viscous sublayer,
log-layer wall functions generally provide unacceptable results.
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The adaptive wall functions of Kalitzin et al. (2004) were derived for zero
pressure gradient flow over a flat plate and were tested for y+ equal to 0.11,
1.1, 2.5, 5, 11, 25, and 111. The correct profiles where obtained, but the
largest errors were encountered for 5 < y+ < 11, which is in the buffer layer.
They also tested the ability of the wall functions to capture pressure gradient
driven separation and reattachment. Even though the wall functions do not
account for pressure gradient and convection effects, they remain usable in the
recirculation region. For the Spalart-Allmaras and k-ω models, the skin friction
in the recirculation region was not sensitive to the height of the first cell centre
above the wall. However, the v′2-f model showed significant sensitivity. Liu
(2016) provides an in-depth description of how the wall functions of Kalitzin
et al. (2004) are implemented in OpenFOAM.

2.6.4 Modelling turbomachinery blading

Meyer and Kröger (2001) point out that although many CFD codes include
features to handle rotating blades, there are drawbacks in terms of meshing
complexities and computational intensiveness. There is thus a need for a model
that can accurately and efficiently simulate the effect of turbomachinery blading
on a flow field.

Bredell (2005: 27–28) lists several axial flow fan models along with their ad-
vantages and disadvantages: the constant velocity, constant static pressure
(or pressure jump), and varying static pressure fan models. They are simple
to implement, but they provide purely axial discharge velocity profiles. The
actuator disc model uses blade element (or isolated aerofoil) data to introduce
momentum source terms into the flow field on the plane where the blades are
located. These sources represent the effects blades would have on the flow field.
This model renders realistic three-dimensional simulations that provide the
pressure rise and power consumption corresponding to the flow rate through
the fan. It also gives a reasonable representation of the flow field in the vicinity
of the fan, i.e. axial and circumferential velocity profiles. Another strategy is to
model the blades as solid rotating surfaces. This method is the most accurate
but requires enormous computational resources.

Thiart and Von Backström (1993) developed an actuator disc model (ADM).
It was successfully implemented in multiple studies simulating axial flow fans:
Duvenhage et al. (1996), Meyer (2005) and Bredell et al. (2006) used the
ADM to investigate the effect of inlet flow distortion on forced draught ACCs.
Their results are consistent with the experimental measurements of Salta and
Kröger (1995). Van Rooyen and Kröger (2008) simulated the effect of wind
on the performance of a 30-fan ACC. Hotchkiss et al. (2006) used the ADM
to study the effect of cross-flow on axial flow fan performance. Their results
follow the measurements of Stinnes and Von Backström (2002). Meyer and
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Kröger (2001) simulated the B2-fan with various blade setting angles. Their
fan characteristics and velocity profiles compare well with the experimental
data of Bruneau (1994) and Stinnes (1998). However, the downstream radial
velocity profile is not well captured due to the inability of the model to account
for radial forces. The fan power consumption is also slightly underpredicted
due to the model’s incapability of accounting for tip-clearance losses.

As a result of the ADM’s inability to account for radial forces, it performs
poorly at low flow rates where radial flow is present. Van der Spuy (2011),
therefore, developed the extended actuator disc model (EADM) to compensate
for this shortcoming. It augments the lift and drag characteristics of the selected
blade profile at low flow rates. Himmelskamp (1947) determined that the lift
characteristics of a rotating blade increase in the presence of radial flow. To
model this phenomenon, Gur and Rosen (2005) extended the linear portion of
the lift coefficient versus angle of attack characteristic curve of the particular
aerofoil at low flow rates. Van der Spuy (2011) identified that stall occurs in
the vicinity of the fan hub at low flow rates, which decreases the effect observed
by Himmelskamp (1947). The EADM thus applies the model of Gur and
Rosen (2005), but only above a specified radius ratio. The appropriate radius
ratio is determined iteratively by comparing numerical results to experimental
measurements and usually is around 0.5. Van der Spuy (2011: 64–65) simulated
the performance characteristics for three different fans and demonstrated that
the EADM outperforms the ADM at low flow rates. However, at very low flow
rates, the EADM still underpredicts fan performance.

Thiart and Von Backström (1993) as well as Meyer and Kröger (2001) used the
standard k-ε turbulence model with the ADM. Van der Spuy (2011) used the
realisable k-ε model as it generally performs better than the standard version.
Shih et al. (1995) demonstrated that the realisable k-ε model outperforms
the standard k-ε model in several benchmark flows, which included rotating
homogeneous shear flows and separated flows.

2.7 Conclusions
A brief history of different axial flow fan design methods for ACC application
is provided in Section 2.2. Section 2.3 provides an introduction to pressure
recovery, demonstrating its significance to axial flow fans. Walter et al. (2018)
showed that outlet guide vanes together with an annular diffuser could increase
the static efficiency of an axial flow fan by as much as 27 %. Section 2.4
highlights the difficulties involved in assessing diffuser performance, especially
if swirl is present. It is often more practical to use simpler, yet less meaningful,
definitions for diffuser performance. The absolute value of such performance
parameters are not necessarily of importance; rather, it is useful to compare
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the relative performance of different diffusers. It was also shown that diffuser
performance generally suffers more from velocity profile distortion than viscous
friction losses. The section further considers the performance of conical and
annular diffusers as well as the influence inlet flow distortions, especially
that of swirl, have on them. Increasing swirl intensities tend to increase the
performance of otherwise stalled diffusers up to a point whereafter performance
decays. Finally, diffuser performance enhancement methods are discussed, but
they are found to be of academic value only. Miller (1978: 41), for example,
states that the length of an effective tailpipe is typically four times the outlet
diameter of the discharge diffuser. For large fans, such a tailpipe would be
impractically long. Section 2.5 contains research on stators which further
demonstrated that stators can aid axial flow fan performance.

The final section, Section 2.6, highlights challenges involved with simulating
flows under adverse pressure gradients: Stewart et al. (2013) explain why
it is challenging to validate flows with opposing pressure gradients; Wilcox
(1998) warns against the use of turbulence models that employ the Boussinesq
approximation or wall functions for separated flows. There is a trend in
the research contained in Subsections 2.6.1 and 2.6.2 which illustrates the
inadequacy of k-ε based turbulence models to compute the flow in diffusers—
whether using standard, non-equilibrium, or two-layer wall functions, or even
low-Reynolds-number corrections. Dhiman et al. (2011) are an exception: They
obtained fair results for turbulent swirling flow in a diffuser using the standard
k-ε model with a two-layer wall function. The v′2-f model is also based on the
k-ε model, but good results were reported using it. Generally, better agreement
with experimental data was obtained using k-ω based models rather than
k-ε based models. There was no advantage in using Reynolds-stress models
compared to simpler models. Therefore, based on the literature, discussions on
turbulence modelling in the balance of this thesis will focus more on the k-ω
and v′2-f turbulence models. Subsection 2.6.3 signifies the importance of the
combination of turbulence model and near-wall treatment method. The final
subsection, Subsection 2.6.4, presents different modelling strategies for axial
flow fans. It focusses on the actuator disc and extended actuator disc models.

From the literature survey, it is evident that much research is available on forced
draught air-cooled condensers. Comparatively, little information is available on
induced draught systems. The effect of pressure recovery on the performance
of axial flow fans has been studied, but only theoretically. The actuator disc
model has been applied successfully to model axial flow fans; however, it has
not yet been used to simulate a stator. The current study investigates pressure
recovery for an induced draught fan arrangement. Pressure recovery will be
achieved through various discharge configurations, which include combinations
of stator blade rows, conical diffusers, and annular diffusers. Stator blade rows
will be simulated using the extended actuator disc model.
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Analytical Investigation

3.1 Introduction
This chapter contains the specifications of the axial flow fan under consideration
in the current study. The draught equation for an induced draught air-cooled
condenser is given and manipulated into a form that clearly shows how the
dynamic pressure loss can be converted to useful static pressure. The conversion
of dynamic pressure to static pressure is termed pressure recovery. It is
represented by a new dimensionless coefficient, Krec. Thereafter, the various
parameters affecting pressure recovery are scrutinised. It includes the effects
of the kinetic energy profile correction factors at the fan and diffuser outlets,
the diffuser area ratio, and the diffuser loss coefficient. The concluding section
summarises the findings.

3.2 Fan System Specifications
Wilkinson et al. (2017) designed a large diameter, low pressure rise, rotor-only
fan for a forced draught ACC. It is known as the M-fan. Its design specifications
and performance characteristics are contained in Appendix A. Wilkinson et al.
(2017) followed a similar design approach to Bruneau (1994) but used a different
method to calculate the vortex distribution. The latter was done in accordance
with the work of Von Backström et al. (1996), which aims to optimise the
outlet velocity profile so that the discharge kinetic energy loss is minimised.

Wilkinson et al. (2017) evaluated the fan numerically using a three-dimensional
periodic fan model with zero tip clearance. This model gave a fan static pressure
rise of 114.7 Pa at the design flow rate of 333 m3/s while consuming 64.24 kW
of power. The static efficiency at the design point is thus 59.4 %, which is
essentially equal to the design target of 60 %. However, Wilkinson et al. (2018)
performed experiments on a scaled version of the M-fan and found that it does

27
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not meet the desired static pressure or efficiency targets with the design blade
setting angle of 34°. With a reduced tip gap and larger blade setting angle,
however, the M-fan is suited for its intended application.

3.3 Draught Equation
The draught equation of an ACC is a mechanical energy relation that equates
the mechanical energy supplied to the air by an axial flow fan to the energy
dissipated through the ACC (Meyer and Kröger, 1998). Pressure changes due
to devices encountered in the ACC are expressed as a dimensionless pressure
loss or gain coefficient, given by

K =
∆p

ρU2
A/2

, (3.1)

where ∆p is the pressure loss or rise across the device, ρ is density, and UA is
the average velocity based on a characteristic cross-sectional area.

Kröger (1998: 8.1.8) derived the draught equation for an induced draught ACC
fitted with an exhaust diffuser. Following the same approach, the draught
equation for the V-frame induced draught system in Fig. 3.1 is deduced, i.e.,

pa1

[
{1− 0.00975(H7 −H4)/Ta4}3.5 − {1− 0.00975(H7 −H4)/Ta1}3.5]

= Kts(ṁa/A2)2/(2ρa1) +Kheθ(ṁa/Afr)
2/(2ρa34)

+Kpl(ṁa/AFC)2/(2ρa4) +Kup(ṁa/∆AF)2/(2ρa4)

− (KFs + αeFC)(ṁa/AFC)2/(2ρa4) +Kdo(ṁa/∆AF)2/(2ρa4)

+Kdif(ṁa/AFC)2/(2ρa4) + αe7(ṁa/A7)2/(2ρa4). (3.2)

The respective loss coefficients are the following: Kts for the tower supports,
Kheθ for the slanted heat exchanger, Kpl for the plenum chamber, Kup and Kdo

for the fan upstream and downstream losses, and Kdif for the diffuser. KFs is
the fan static pressure rise coefficient. The kinetic energy flux factors at the
fan and diffuser outlets are αeFC and αe7, respectively. AFC is the total area
of the fan casing, ∆AF is the annular area between the fan casing and hub,
and Afr is the frontal area of the heat exchanger. It is assumed that H4 ≈ H3,
ρa2 ≈ ρa1, ρa7 ≈ ρa6 ≈ ρa5 ≈ ρa4, and ρa34 ≈ 2pa1/[R(Ta3 + Ta4)].

Kröger (1998) then simplified Eq. (3.2) by assuming αe7 ≈ αeFC for a short
diffuser. However, Sovran and Klomp (1967: 293–296), Miller (1971: 79), and
Blevins (1984: 145) agree that diffuser performance is heavily affected by these
inlet and outlet kinetic energy correction terms (see Subsection 2.4.1). Kröger’s
(1998) simplification will, therefore, not be made in the currant analysis.
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Figure 3.1: V-frame induced draught air-cooled condenser

Neglecting buoyancy effects and collecting the system losses in a single term,
Eq. (3.2) can be written in a form that equates the total pressure supplied to
the total pressure dissipated through the ACC, i.e.,

∆pFs + αeFCρU
2
FC/2 = ∆psys +KdifρU

2
FC/2 + αedifoρU

2
difo/2, (3.3)

where ∆pFs denotes the fan static pressure rise and UFC the mean velocity
through the fan casing. The sum of the total pressure losses in the ACC,
excluding that of the diffuser and the discharge kinetic energy loss, is represented
by ∆psys. The excluded terms are given by the last two terms, where αedifo is
the kinetic energy flux factor at the diffuser outlet and Udifo the mean discharge
velocity. The diffuser and outlet dynamic pressure losses are intentionally
excluded from ∆psys since they influence pressure recovery.

In reality, αeFC, Kdif and αedifo are unknown and impractical to measure.
Kröger (1998: 8.1.9), therefore, argued that it is useful to have the performance
characteristics of the fan-diffuser unit. Four terms in Eq. (3.3) can then be
replaced by

∆pF/difs = ∆pFs + αeFCρU
2
FC/2−KdifρU

2
FC/2− αedifoρU

2
difo/2, (3.4)

in which case the draught equation becomes

∆pF/difs = ∆psys. (3.5)
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3.4 Pressure Recovery
Pressure recovery refers to the reduction of the outlet dynamic pressure loss by
converting a portion of it to static pressure. Recovery can be achieved with the
aid of a diffuser, a stator, or both. A diffuser will reduce both the axial and
circumferential kinetic energy components due to the conservation of mass and
angular momentum, respectively. A stator will only reduce the circumferential
component as it removes the swirl.

As mentioned earlier, αeFC, Kdif and αedifo are usually not known. In order
to distinguish between ∆pFs and ∆pF/difs, a dimensionless coefficient, Krec, is
introduced. It represents the kinetic energy at the fan outlet that is recovered
within the discharge diffuser or stator. Pressure recovery increases the amount
of energy available to the airstream, making ∆pF/difs > ∆pFs. This concept
is taken from Meyer and Kröger (1998) who introduced Krec to represent the
kinetic energy recovered within the plenum chamber of a forced draught ACC.
In this study, the pressure recovery coefficient is defined as

Krec =
αeFCρU

2
FC/2− αedifoρU

2
difo/2−KdifρU

2
FC/2

ρU2
FC/2

= αeFC − αedifo(AFC/Adifo)2 −Kdif , (3.6)

Substituting Eq. (3.6) into Eq. (3.3) yields the following form of the draught
equation that can be used to determine the operating point of the ACC, i.e.,

∆pFs +KrecρU
2
FC/2 = ∆psys. (3.7)

The theoretical maximum operating point would occur if Krec = αeFC, in which
case the available pressure would be equal to the fan total-to-total pressure rise,
i.e. ∆pFt = ∆pFs + αeFCρU

2
FC/2. However, αedifo ≥ 1 as dictated by continuity,

Adifo is limited by diffuser stall, and Kdif > 0 due to viscous losses. The
available pressure will, therefore, lie somewhere between the extremes of the
total-to-static and total-to-total pressures, as depicted in Fig. 3.2.

Figure 3.2 illustrates that the result of pressure recovery is to shift the operating
point to a higher volume flow rate compared to the initial design point. This
poses various options for the ACC designer, i.e. operate at the new higher
flow rate or adjust the fan to return to the initial design point. The former
will possibly allow for a smaller overall plant structure size since higher heat
removal rates are possible at higher airflow rates; the latter potentially allows
for a smaller fan, or a fan rotating at a reduced speed, or a reduced blade
setting angle. However, Eq. (3.6) shows that pressure recovery is a function
of various parameters. It can, therefore, not be assumed that the amount of
pressure recovery will remain constant if adjustments are made to the fan,
which complicates the prediction of the final system operating point.
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Figure 3.2: Effect of pressure recovery on fan pressure characteristics

The fan power characteristic curve is usually relatively flat and is not expected
to change much with the addition of a diffuser or stator. Terzis et al. (2012), for
example, found that the specific fan power, PF/V̇ , remained unchanged whether
outlet guide vanes were present or not. The efficiency at which the system will
operate, ηF/difs, will thus also lie somewhere between the total-to-static and
total-to-total efficiencies, as illustrated in Fig. 3.3.
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Figure 3.3: Effect of pressure recovery on fan efficiency characteristics
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3.5 Parameters Affecting Pressure Recovery
This section inspects how the various parameters in Eq. (3.6) influence pressure
recovery. These include the kinetic energy correction factors at the fan and
diffuser outlets, the area ratio of the diffuser, and the total pressure loss
coefficient of the diffuser.

3.5.1 Fan outlet kinetic energy factor

As defined in BS 848 (2007: 14), the kinetic energy correction factor is a
dimensionless coefficient equal to the time-averaged flux of kinetic energy
through a section, divided by the mean kinetic energy through that section:

αe =

∫∫
A
ρ(u · n)u2 dA

ṁU2
A

, (3.8)

where u is the local velocity magnitude, u the velocity vector, n the surface
normal vector, and UA = V̇ /A the mean velocity through that particular
section. The minimum kinetic energy flux would occur if the velocity were
perfectly uniform across the specified section, in which case αe would be equal
to unity. The effect of velocity non-uniformity is to make αe greater than unity.

Meyer and Kröger (2004) state that the kinetic energy factor at the fan outlet
can be as high as three. An assumption of unity is thus inadequate to describe
the relationship between the fan pressure rise characteristics and the system
losses in an arbitrary fan system. Furthermore, the kinetic energy factor at the
fan outlet is a function of the volume flow rate. Meyer (2000:G.11) calculated
αeFC from numerical results using the following expression:

αeFC =
1

U3
FCAFC

N∑
i=1

uzi
(
u2
xi + u2

yi + u2
zi

)
Ai, (3.9)

where uxi, uyi and uzi are the Cartesian components of the velocity vector at
the ith cell out of N cells at the fan outlet. In a similar manner, Eq. (3.8) can
be expressed in cylindrical coordinates as

αeFC =
1

U3
FCAFC

∫∫
AFC

uz
(
u2
z + u2

θ + u2
r

)
dAFC , (3.10)

where UFC = V̇ /AFC and uz, uθ, and ur are the local axial, circumferential
and radial velocity components, respectively. Following Nilsson and Davidson
(2001) and Andersson (2009: 23), the kinetic energy factor can be decomposed
into components, i.e. an axial component

αeFCz =
1

U3
FCAFC

∫∫
AFC

u3
z dAFC , (3.11a)
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a circumferential component

αeFCθ =
1

U3
FCAFC

∫∫
AFC

uzu
2
θ dAFC , (3.11b)

and a radial component

αeFCr =
1

U3
FCAFC

∫∫
AFC

uzu
2
r dAFC . (3.11c)

It is thus clear that

αeFC = αeFCz + αeFCθ + αeFCr. (3.12)

The minimum value for αeFCz is equal to unity due to continuity. For αeFCθ

and αeFCr, the minimum is zero. The radial component is generally negligibly
small at the outlet of near free-vortex fans.

The kinetic energy factor at the fan outlet is fixed for a specified operating point.
The larger it is, the more potential there is for pressure recovery. Figure 3.4
presents the kinetic energy profile correction factor at the exit of the M-fan as
a function of volume flow rate and Fig. 3.5 shows its axial and circumferential
components. The radial component is negligibly small and hence not shown.
At the design point (i.e., V̇ = 333 m3/s), αeFC ≈ 1.454, αeFCz ≈ 1.198 and
αeFCθ ≈ 0.256. There is thus slightly more potential for pressure recovery in
the circumferential component than in the axial component.

3.5.2 Diffuser outlet kinetic energy factor

In order to maximise pressure recovery for a given area ratio, αedifo should be as
small as possible. The theoretical minimum for αedifo is unity, which would be
the case if the flow at the outlet is perfectly uniform without any swirl or radial
flow. Kröger (1998: 2.3.1) states that αe ≈ 1 is approximately true for fully
developed axial turbulent flow in a pipe. Since a stator can be used to remove
swirl, another case to consider is one where αedifo ≈ αeFC − αeFCθ ≈ αeFCz.

Figure 3.6 illustrates how αedifo influences the characteristics of the M-fan.
The first is the ideal case where αedifo ≈ 1. The second is the case where the
swirl is removed so that αedifo ≈ αeFCz. In both cases, the area ratio, AR, and
diffuser loss coefficient, Kdif , are set equal to unity and zero, respectively. This
essentially means that no diffuser is present and that the losses in the stator are
insignificant. A system curve of the form ∆psys = aV̇ 2 is included in Fig. 3.6a
(and later in Fig. 3.7a). It passes through the origin and the design point of
V̇ = 333 m3/s and ∆pFs = 114.7 Pa. The system curve serves to illustrate how
pressure recovery shifts the operating point of the fan system.
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Figure 3.4: Kinetic energy factor at the M-fan outlet
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Figure 3.5: Components of the kinetic energy factor at the M-fan outlet

At the design flow rate in Fig. 3.6, the pressures are 132.4 and 124.7 Pa for
αedifo ≈ 1 and αedifo ≈ αeFCz, respectively. The efficiencies are 68.5 and 64.6 %,
respectively. The new operating flow rates are 340.6 m3/s for αedifo ≈ 1 and
337.2 m3/s for αedifo ≈ αeFCz. At these new flow rates, the pressures are 120.2
and 117.9 Pa, respectively; the efficiencies are 65.9 and 63.0 %, respectively.
The operating flow rate for αedifo ≈ 1 is thus 2.3 % higher than the design
flow rate and the operating pressure is 4.8 % higher than the design fan static
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Figure 3.6: Effect of αedifo on the M-fan characteristics
(fan total-to-static characteristics from Wilkinson et al. (2018))

pressure. The efficiency at the operating point is 6.5 % (absolute) higher
than the design fan static efficiency of 59.4 %, reported by Wilkinson et al.
(2017). For αedifo ≈ αeFCz, the operating flow rate is 1.3 % higher, the operating
pressure is 2.8 % higher, and the operating efficiency is 3.6 % (absolute) higher
than they are at the design point.

3.5.3 Diffuser area ratio

For maximum pressure recovery within a specified length, the area ratio should
be as large as possible while avoiding flow separation. This is the classic
challenge with diffuser selection: An excessive area ratio for a specified length
results in flow separation and unacceptable losses; however, increasing the
length to obtain a specified area ratio may result in excessive frictional losses
and impractically lengthy units. The area ratio and diffuser loss coefficient
are thus closely related since Kdif accounts for frictional and separation losses.
Nevertheless, to illustrate the effect of near-optimum diffuser area ratios on
the system characteristics, the outlet kinetic energy factor and diffuser loss
coefficient are fixed at αedifo ≈ αeFC and Kdif ≈ 0.2, respectively. The former
assumption follows from Kröger (1998: 8.1.8) for short diffusers. However, in
reality the zero-slip condition at the diffuser wall tends to peak the exit profile
so that αedifo > αeFC (Blevins, 1984: 145). The selected diffuser loss coefficient
is recommended by Wallis (1983: 92) for optimum diffuser geometries (the
following subsection elaborates on this recommendation).
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It was decided to set the diffuser length equal to the fan diameter, i.e. ldif =
7.3152 m. From Fig. 2.1 on page 9 at a length ratio of ldif/ri = 2, practical
conical diffusers lie within the approximate range of 1.3 . AR . 1.45. However,
Fig. 2.3 on page 14 illustrates that the upper limit can be as high as 1.8 when
swirl is present. The annular width between the fan hub and casing is ∆ri = 2.6.
From Fig. 2.2 on page 11 at a length ratio of ldif/∆ri = 2.82, practical annular
diffusers lie within the approximate range of 1.3 . AR . 1.5. The area ratios
for Fig. 3.7 were thus selected to fall within the range of 1.3 ≤ AR ≤ 1.8.

M-fan: 8 blades Adifo/AFC:
γroot = 34° 1.3

1.5
1.8

dF = 7.3152m
ρ = 1.2 kg/m3

N = 151 rpm

250 275 300 325 350 375 400
0

50

100

150

200

250

300

∆psys

∆pFs

∆pFt

V̇des

αedifo ≈ αeFC

Kdif ≈ 0.2

V̇ [m3/s]

∆
p

[P
a]

(a) Pressure characteristics

250 275 300 325 350 375 400
0

20

40

60

80

100

V̇des

ηFs

ηFt

αedifo ≈ αeFC

Kdif ≈ 0.2

V̇ [m3/s]

η F
[%

]

(b) Efficiency characteristics

Figure 3.7: Effect of Adifo/AFC on the M-fan characteristics
(fan total-to-static characteristics from Wilkinson et al. (2018))

At the design point in Fig. 3.7a, the pressures are 130.1, 138.2 and 145.6 Pa
for area ratios of 1.3, 1.5 and 1.8, respectively. Figure 3.7b illustrates that
the efficiency at the design point is sensitive to the area ratio since an area
ratio as small as 1.3 results in an absolute efficiency increase of 8.0 % over the
reported fan static efficiency of 59.4 % (Wilkinson et al., 2017). The efficiencies
for area ratios of 1.5 and 1.8 are 71.5 and 75.4 %, respectively. The operating
flow rates shifted to 339.9, 343.6 and 347.0 m3/s for the respective area ratios.
The efficiencies at these operating flow rates are 65.4, 68.8 and 72.3 % for the
listed area ratios, respectively.

3.5.4 Diffuser loss coefficient

The diffuser loss coefficient represents the non-dimensional loss in total pressure
across the diffuser. According to Wallis (1983: 91), diffuser effectiveness data
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above 0.9 for two-dimensional, conical, and annular diffusers with thin inlet
boundary layers and no tailpipes have been reported. For thicker inlet boundary
layers, peak effectiveness values in excess of 0.8 are normally reported. Flow
asymmetry or non-uniformity further reduce diffuser performance. Therefore,
Wallis (1983: 92) and Eck (1973: 277) recommend a conservative diffuser effec-
tiveness value of 0.8 (or Kdif = 0.2) for diffusers with symmetrical inlet flow
conditions and optimum geometries.

It was not considered meaningful to look at a case where Kdif is varied while
the area ratio and kinetic energy factor are held constant. The diffuser loss
coefficient is very much a function of its area ratio. For example, it could be
argued that Kdif = 0 implies the absence of a diffuser, which means the area
ratio is one and αedifo ≈ αeFC. In this case, the pressure recovery coefficient,
Krec, would be equal to zero (see Eq. (3.6)). Another way of looking at it is to
say that Kdif = αeFC, which corresponds to a free jet discharge with an infinite
area ratio. This also makes Krec equal to zero. The diffuser loss coefficient
will thus lie between the limits of zero and αeFC depending on its area ratio.
However, from Eq. (3.6) it is obvious that Kdif reduces pressure recovery and
should, therefore, be kept to a minimum.

3.6 Conclusions
A brief overview of Wilkinson et al.’s (2017) M-fan is provided in Section 3.2. At
the design flow rate of 333 m3/s, the fan yields a static pressure rise of 114.7 Pa
at a static efficiency of 59.4 % while consuming energy at a rate of 64.24 kW.
Section 3.3 presents the draught equation for an induced draught air-cooled
condenser. It is simplified in Section 3.4 by introducing a non-dimensional
pressure recovery coefficient to illustrate the effect of pressure recovery on
the draught equation. This recovery coefficient consists of four parameters:
the fan exit kinetic energy factor, the diffuser discharge kinetic energy factor,
the diffuser area ratio, and the diffuser loss coefficient. The effects of these
parameters on the performance of the M-fan are evaluated in Section 3.5:
Subsection 3.5.1 demonstrates that the convention of assuming αeFC ≈ 1 at
the fan outlet is overly simplistic—at the M-fan design point, αeFC ≈ 1.45. If a
stator removes the swirl at the design point, the fan efficiency will increase by
about 5 % (see Subsection 3.5.2). Subsection 3.5.3 illustrates that a diffuser
with an area ratio of 1.5 and a loss coefficient of 0.2 may increase the flow rate
through the fan by 3 %. At this new operating point, the static efficiency is 9 %
higher than the efficiency at the original design flow rate. Lastly, consideration
is given to the diffuser loss coefficient in Subsection 3.5.4.



Chapter 4

Modelling Strategies

4.1 Introduction
This chapter focusses on modelling strategies to represent the effects of turbu-
lence and turbomachinery blading on the mean flow. As a start, the conservation
laws that govern all fluid flows are presented. The closure problem is illustrated
when these equations are averaged. This leads to the broad topic of turbulence
modelling. Finally, the modelling equations for the actuator disc model that
was introduced in Subsection 2.6.4 are presented.

4.2 Governing Equations
Conservation laws govern fluid motion. The equations representing these laws
can be written in the form of a general transport equation, viz.,

∂ρφ

∂t
+∇ · (ρφu) =∇ · (Γφ∇φ) + Sφ, (4.1)

where φ represents an arbitrary flow variable, Γφ a diffusion coefficient, and Sφ
any sources or sinks that affect the quantity φ. For turbulent flows, φ can be
decomposed into a mean and fluctuating component, i.e. φ(x, t) = Φ(x)+φ′(x, t).
Inserting this into Eq. (4.1) and taking the time average yields the general
time-averaged transport equation for the quantity φ, viz.,

∂ρΦ

∂t
+∇ ·

(
ρUΦ + ρu′φ′

)
=∇ · (Γφ∇Φ) + Sφ. (4.2)

4.2.1 Instantaneous conservation equations

The continuity and momentum equations for incompressible Newtonian fluids
are presented in Wilcox (1998: 35), viz.,

∂ui
∂xi

= 0, (4.3)

38
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ρ
∂ui
∂t

+ ρuj
∂ui
∂xj

= − ∂p

∂xi
+
∂σji
∂xj

, (4.4)

where ui and xi are velocity and position vectors, and σij is the viscous-stress
tensor. In a Newtonian fluid, the viscous stresses are proportional to the rate
of deformation. The unknown viscous-stress tensor can, therefore, be expressed
in terms of the local strain rate, i.e.,

σij = 2µsij, (4.5)

where sij is the strain-rate tensor, given by

sij =
1

2

(
∂ui
∂xj

+
∂uj
∂xi

)
. (4.6)

Equations (4.3) and (4.4) along with the energy equation, exhibit a system of
partial differential equations (PDEs) that entirely describe any flow field. With
the equations of state and the Newtonian model given by Eq. (4.5), this system
is mathematically closed. That is, the system can be solved without modelling
any other flow variables. This approach is referred to as direct numerical
simulation (DNS), which resolves the mean flow and turbulent fluctuations.
However, the spatial grid spacing and time scale must be small enough to
capture Kolmogorov length scales and the period of the fastest fluctuations,
respectively. DNS requires tremendous computational resources and is presently
not viable for practical application.

4.2.2 Averaged conservation equations

Turbulent flows consist of random fluctuations of various flow properties. A
statistical approach introduced by Reynolds (1895) is adopted to establish
the effects of turbulence on the mean flow. All flow quantities are expressed
as the sum of mean and fluctuating components, i.e. φ = Φ + φ′. Inserting
this into the instantaneous conservation equations and averaging it yields the
Reynolds-averaged Navier-Stokes (RANS) equations, viz.,

∂Ui
∂xi

= 0, (4.7)

ρ
∂Ui
∂t

+ ρUj
∂Ui
∂xj

= −∂P
∂xi

+
∂

∂xj

(
2µSji − ρu′ju′i

)
. (4.8)

Owing to the non-linearity of the Navier-Stokes equation, the averaging process
generates the quantity −ρu′iu′j. It is termed the Reynolds-stress tensor and is
denoted by ρτij. This tensor is symmetric with six independent components
that are unknown. With three velocity components, pressure and six Reynolds
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stresses, there are ten unknowns but only four PDEs resulting from Eqs. (4.7)
and (4.8). This is known as the closure problem. In order to obtain a closed
system of equations, additional equations are needed to relate the Reynolds-
stress tensor with quantities of the mean flow. The process of obtaining such
closure equations is termed turbulence modelling.

4.3 Turbulence Modelling
There is a multitude of closure theories aimed at correlating Reynolds stresses
with mean flow properties. The field of turbulence modelling is vast and too
extensive to cover here. Only a brief overview is provided. Attention is given to
the models that proved promising in past studies involving flows with positive
pressure gradients. Subsections 2.6.1 and 2.6.2 in the literature survey revealed
that k-ε based two-equation turbulence models generally produce unsatisfactory
results for swirling and non-swirling diffuser flows. Better results were reported
with k-ω based models and the v′2-f model. Fair results were obtained with
Reynolds-stress models (RSMs), but not good enough to warrant their usage.

Wilcox (1998: 23) lists the four primary categories of turbulence models, namely
algebraic (or zero-equation) models, one-equation models, two-equation models,
and stress-transport models. Even though zero- and one-equation models
provide economic computations, they are not popular since their performance is
generally inferior to more sophisticated models. However, the model of Spalart
and Allmaras (1992) often provides satisfactory results for boundary layers and
external aerodynamics. Since sufficient computational capacity was available
for the current project, attention is given to more sophisticated eddy-viscosity
models and stress-transport models.

4.3.1 Linear eddy-viscosity models

The majority of turbulence models are based on linear turbulent-viscosity
models that assume proportionality between Reynolds stresses and mean rates
of deformation. This assumption is known as the Boussinesq approximation,
which reads

τij = −u′iu′j = 2νtSij −
2

3
kδij, (4.9)

where νt is the turbulent viscosity (or eddy viscosity), Sij the mean strain-rate
tensor, k the turbulent kinetic energy per unit mass, and δij the Kronecker delta
(δij = 1 if i = j and δij = 0 if i 6= j). After substituting Eq. (4.9) into Eq. (4.8),
it is evident that the Boussinesq approximation, in essence, means that the
vortices in turbulent flow enable more effective mixing, which is synonymous
to an increased diffusion coefficient (Holzmann, 2017: 86).
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The turbulent viscosity, νt, is unknown and depends on details of the flow
field. Turbulence models using the eddy-viscosity approach thus no longer
need to determine the Reynolds stresses, but rather the eddy-viscosity. From
dimensional analysis, the kinematic turbulent viscosity νt (m2/s) can be written
in terms of a turbulent velocity scale ϑt (m/s), length scale `t (m), or time
scale τt (s):

νt = Cµϑt`t = Cµϑ
2
t τt = Cµ`

2
t/τt, (4.10)

where Cµ is a dimensionless closure coefficient that can be constant (Cµ ≈ 0.09)
or variable. Owing to the limitations of constant-coefficient turbulence models,
more recent models tend to use strain-rate or vorticity dependent coefficients.
The velocity, length and time scales in Eq. (4.10) are also unknown. They
can, however, be estimated from known mean flow quantities using transport
equations for turbulent quantities.

4.3.1.1 The k-ω model

Wilcox (1998: 119–122) provides the history of the k-ω model. The paper of
Wilcox (1988) demonstrates that conventional k-ε and k-ω2 formulations are
generally inaccurate for boundary layers exposed to adverse pressure gradients
and that wall functions tend to mask the shortcomings of these models. He
postulated a two-equation model that is capable of accurately predicting
boundary layer properties in adverse pressure gradients. Moreover, the model’s
closure coefficients require no viscous damping functions nor wall functions
when integrated through the viscous sublayer. The ω-equation also has an
exact boundary condition at the wall.

Wilcox (1993) did a convincing study where he compared the performance
of six low-Reynolds-number k-ε models with two k-ω models for turbulent
boundary layers with favourable, zero and adverse pressure gradients. In all the
test cases, the k-ω model, with or without low-Reynolds-number modifications,
outperformed the k-ε models. Almost identical results were obtained using
either wall functions or integrating through the sublayer. Moreover, Wilcox
(1993) demonstrated that the k-ε formulation is inconsistent with the well-
established physical structure of the turbulent boundary layer. Low-Reynolds-
number corrections cannot remedy this inconsistency.

Wilcox (1998) made amendments to the Wilcox (1988) model to improve its
performance for free shear flows. He claims that the new formulation is as
accurate as the Wilcox (1988) model for boundary layers, but its predictive
accuracy for free shear flows significantly improved. This renders the Wilcox
(1998) model suitable for both wall-bounded and free shear flows.

The eddy viscosity for the Wilcox (1998) model is computed with

νt = k/ω. (4.11)
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The transport equations for the turbulent kinetic energy and specific dissipation
rate are given by

∂k

∂t
+ Uj

∂k

∂xj
=

∂

∂xj

[
(ν + σ∗νt)

∂k

∂xj

]
+ τij

∂Ui
∂xj
− β∗kω, (4.12)

∂ω

∂t
+ Uj

∂ω

∂xj
=

∂

∂xj

[
(ν + σνt)

∂ω

∂xj

]
+ α

ω

k
τij
∂Ui
∂xj
− βω2, (4.13)

where τij is computed with Eq. (4.9). The model’s closure coefficients and
auxiliary relations are available in Wilcox (1998: 121).

Wilcox (1988) deduced boundary conditions for his model using perturbation
methods to analyse the viscous sublayer. Two follow from the “no-slip” condition
so that

u = k = 0 at y+ = 0, (4.14)

where y+ ≡ uτy/ν and uτ ≡
√
τw/ρ. Another condition arises from the fact

that molecular diffusion and dissipation balance in one of the model’s equations
of motion for the viscous sublayer, i.e.,

ω → 6ν

β1y2
as y+ → 0. (4.15)

Apsley and Leschziner (1999) explain why the k-ω model is more likely to
predict separation in flows subject to adverse pressure gradients than the k-ε
model: A universal transport equation for the k-ε and k-ω models can be
written as

∂γ

∂t
+ Uj

∂γ

∂xj
=

∂

∂xj

[(
ν +

νt
σγ

)
∂γ

∂xj

]
+
γ

k
(Cγ1Pk − Cγ2ε) + Sγ, (4.16)

where γ represents either ε or ω. Equation (4.16) can always be written in
terms of ε by expressing γ as a function of k and ε, viz.,

γ = aεmkn. (4.17)

Turbulence models of this kind can thus be interconverted, and the constants
Cγ1 and Cγ2 can be transformed to Cε1 and Cε2, respectively. The shear stress
is sensitive to the difference, Cε2 − Cε1 (Apsley and Leschziner, 1999). This
difference thus has a strong effect on the model’s response to adverse pressure
gradients and its prediction of separation. In the k-ω model, the difference is
smaller than in the k-ε model. The turbulence dissipation rate is thus higher
in the k-ω model, which means the turbulence intensity is lower. The k-ω
model is thus more likely to predict separation in adverse pressure gradients.
Conversely, it tends to overpredict the reattachment length in separated flows.
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4.3.1.2 The v′2-f model

Durbin (1991) developed the v′2-f model for wall-bounded turbulent shear flows.
He argued that near-wall turbulent flows could be divided into two regions: an
inner region that scales on small viscous lengths and an outer region that scales
on larger flow dimensions. The peak of turbulence energy and production are
both within the inner region. It is thus indispensable to represent this region
in order to accurately model wall-bounded turbulent flows.

The majority of turbulence closures are based on isotropic approximations.
Near the wall, in the strongly anisotropic inner region, such models perform
poorly. In an attempt to remedy this shortcoming, ad hoc damping functions
are often introduced to adjust the turbulence model to fit experimental or
computational data. Patel et al. (1985) argue that such modifications are
somewhat arbitrary and lack sound physical basis. Moreover, Durbin (1993)
explains that a model’s damping function is valid only for a particular flow
scenario. It is “fixed” and is, therefore, unable to respond to dramatic changes in
turbulence quantities. Damping functions are also generally non-linear, which
causes numerical stiffness.

Durbin (1991) disliked the idea of using a fundamentally incorrect model that is
“corrected” with arbitrary damping functions. Therefore, he aimed to develop a
turbulence closure that can model near-wall flow by solving partial differential
equations (PDEs) rather than using damping functions. He explains that the
blocking effect of solid boundaries primarily suppresses the normal component
of turbulence intensity. Therefore, if one approximates the eddy viscosity as

νt = Cµv′2τt, (4.18)

with v′2 as the wall-normal turbulence velocity, ad hoc damping functions are
unnecessary. According to Durbin (1991), blocking is associated with image
vorticity, which is governed by an elliptic PDE. Non-homogeneous effects of
turbulence can thus be incorporated using an elliptic model.

Lien and Kalitzin (2001) showed that the no-slip boundary condition for the
elliptic function in the original model is ill-defined in laminar and transitional
regions. This gives rise to numerical instability when using decoupled solvers.
Therefore, they modified the original model to make it more robust. The model
equations presented below are for this “code-friendly” version, with a limit
imposed on the turbulent viscosity, as suggested by Davidson et al. (2003).

The v′2-f model uses the Boussinesq approximation, i.e. Eq. (4.9), and the
eddy viscosity defined in Eq. (4.18). The turbulent time scale is given by

τt = min

{
max

[
k

ε
, 6

√
ν

ε

]
,

0.6k√
6Cµv′2S

}
(4.19)
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and the turbulent length scale is given by

`t = CL max

{
min

[
k3/2

ε
,

k3/2

√
6Cµv′2S

]
, Cη

(
ν3

ε

)1/4
}
, (4.20)

where S is the magnitude of the mean strain-rate tensor, S =
√
SijSji. These

turbulence scales are computed from the standard k-ε equations, viz.,

∂k

∂t
+ Uj

∂k

∂xj
=

∂

∂xj

[(
ν +

νt
σk

)
∂k

∂xj

]
+ Pk − ε, (4.21)

∂ε

∂t
+ Uj

∂ε

∂xj
=

∂

∂xj

[(
ν +

νt
σε

)
∂ε

∂xj

]
+

1

τt
(Cε1Pk − Cε2ε). (4.22)

The transport equation for the turbulent stress normal to streamlines, v′2, is
given by

∂v′2

∂t
+ Uj

∂v′2

∂xj
=

∂

∂xj

[(
ν +

νt
σk

)
∂v′2

∂xj

]
+ kf − 6v′2

ε

k
, (4.23)

where kf is the source of v′2. It represents the redistribution of turbulence
intensity from the streamwise component. Non-local effects of turbulence are
accounted for by an elliptic relaxation function,

`2
t

∂2f

∂x2
j

− f =
1

τt

[
(C1 − 6)

v′2

k
− 2

3
(C1 − 1)

]
− C2

Pk
k
. (4.24)

The model’s closure coefficients can be found in Lien and Kalitzin (2001). All
the coefficients are independent of the non-dimensional wall distance, y+, which
is not the case for most k-ε based low-Reynolds-number models.

Davidson et al. (2003) argued that the wall-normal stress should be the smallest
of the normal stresses near walls, i.e. v′2 ≤ u′2 and v′2 ≤ w′2. Consequently,
v′2 must be smaller than 2k/3. In the model of Lien and Kalitzin (2001), the
Laplacian term is assumed to be negligibly small in the homogeneous region
far from solid boundaries, i.e. ∂2f

/
∂x2

j → 0. Equation (4.24) then reduces to

fhom = − 1

τt

[
(C1 − 6)

v′2

k
− 2

3
(C1 − 1)

]
+ C2

Pk
k
. (4.25)

It turns out that the Laplacian term is, in fact, not negligible far from walls,
which causes v′2 to become too large so that v′2 > 2k/3. Therefore, Davidson
et al. (2003) set an upper bound on the source term, kf , of Eq. (4.23) so that

kf = min [kf, kfhom]. (4.26)
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This limit ensures that v′2 ≤ 2k/3. In regions where v′2 ≈ 2k/3, the turbulent
viscosity calculated with Eq. (4.18) is νt = 0.147k2/ε, which is significantly
larger than the normal k-ε value of νt = 0.09k2/ε. Davidson et al. (2003) thus
limited the turbulent viscosity as follows:

νt = min
[
0.09k2/ε, 0.22v′2τt

]
. (4.27)

With the above modifications, the v′2-f model produces more physical results
and is more stable numerically. The “no-slip” boundary conditions simplify to

k = v′2 = f = 0 and ε = 2νk/y2 as y → 0. (4.28)

4.3.2 Hybrid eddy-viscosity models

Hybrid eddy-viscosity models combine eddy-viscosity models to take advantage
of the strengths of the individual models while avoiding their shortcomings. The
shear-stress-transport (SST) k-ω model of Menter (1994) is probably the most
renowned hybrid model. It is a combination of the k-ω and k-ε models. The
k-ω model performs well in near-wall flows, but Menter (1992) demonstrated
that it is highly sensitive to the inlet freestream ω-value; the k-ε model is not
sensitive to the latter, but integration to the wall is challenging. Menter (1994)
thus introduced a blending interpolation parameter which leans towards the
k-ω model near solid boundaries and towards the k-ε model in the far-field. A
modification to the eddy viscosity has been introduced to the SST k-ω model,
which is based on the philosophy of Johnson and King (1985). That is, the
transport of the principal turbulent shear stress is of vital importance when
solving strong adverse pressure gradients. The SST model is thus not a pure
eddy-viscosity model but incorporates features of a Reynolds-stress model.

4.3.3 Non-linear models

While models based on the isotropic Boussinesq approximation provide accu-
rate results for many practical flows, they fail to accurately solve flows with
sudden changes in mean strain rate, high curvature, rotation, boundary layer
separation, or body forces (Wilcox, 1998: 274). The two primary approaches to
resolve the limitations of the Boussinesq approximation are to use non-linear
constitutive relations or stress-transport models (Wilcox, 1998: 329). The for-
mer is appropriate for flows in which the anisotropy of the normal Reynolds
stresses is essential; the latter solves transport equations for each Reynolds
stress and thus naturally accounts for the shortcomings of the Boussinesq
assumption (Wilcox, 1998: 283–284). However, despite the sophistication of
these models, they do not necessarily provide superior results compared to
normal two-equation models (Apsley and Leschziner, 1999).
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Rodi (1976) deduced a non-linear constitutive equation by simplifying the full
Reynolds-stress equation (given by Eq. (4.29) in the following subsection). He
assumed that the sum of the convective and diffusive terms of the Reynolds
stresses are proportional to the sum of the convective and diffusive terms of the
turbulent kinetic energy. Introducing this simplification into the Reynolds-stress
transport equation with suitable approximations for the dissipation tensor, εij,
and pressure-strain tensor, Πij, results in a non-linear algebraic stress model
(ASM). Although ASMs incorporate the anisotropy of Reynolds stresses, they
do not necessarily perform better than the standard k-ε model and they can
suffer from stability issues (Versteeg and Malalasekera, 2007: 95). Therefore,
the development of non-linear eddy-viscosity models enjoyed more attention.

The idea behind non-linear eddy-viscosity models is to account for Reynolds-
stress transport and anisotropy. The Boussinesq approximation assumes that
the specific Reynolds-stress tensor is proportional to the mean strain-rate tensor,
turbulent quantities, and density, i.e. −uiuj = τij(Sij, k, ε, ρ). This implies
that turbulence instantaneously adjusts as it convects through the flow field.
In reality, turbulence lags behind the rapid changes that disturb the balance
between turbulence production and dissipation (Versteeg and Malalasekera,
2007: 95). Reynolds stresses are transported quantities that depend on rates of
change, convective and diffusive redistribution as well as turbulence production
and dissipation. Therefore, Speziale (1987) proposed a k-ε model that includes
Oldroyd derivatives to partially account for Reynolds-stress transport. Non-
linear models are often developed to adhere to the physical properties of the
exact Navier-Stokes equation, such as coordinate and dimensional invariance,
the realisability constraint of Lumley (1979), and material-frame indifference.

4.3.4 Stress-transport models

Stress-transport models, also known as second-order or second-moment closure
models, attempt to solve the exact Reynolds-stress transport equation. The
latter is a set of PDEs describing the behaviour of the specific Reynolds-stress
tensor, τij = −u′iu′j, which takes the following form:

∂τij
∂t

+ Uk
∂τij
∂xk

= Pij + εij − Πij +Dij, (4.29)

where Pij denotes the turbulence production term, εij the dissipation rate
term, Πij the pressure-strain redistribution term, and Dij the diffusion term.
According to Wilcox (1998: 284), such models naturally account for streamline
curvature, sudden changes in strain rate, secondary motions, and the like.
However, they do not guarantee superior performance, and they are computa-
tionally expensive to solve. That is because they need to solve six PDEs for
the independent Reynolds stresses, and they are slow to converge.
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In order to close Eq. (4.29), models are required for the dissipation rate,
pressure-strain redistribution, and diffusion terms. The dissipation rate, εij, is
often modelled using the Kolmogorov (1941) hypothesis of local isotropy for the
small dissipative eddies. Since dissipation is anisotropic in reality, Hanjalić and
Launder (1976) accounted for it by incorporating the Reynolds-stress anisotropy
tensor, aij = u′iu

′
j − 2

3
kδij, and a low-Reynolds-number damping function that

varies with the turbulent Reynolds number, Ret = k2/(εν).

The turbulence transport or diffusion term, Dij, involves pressure fluctuations
and triple products of velocity fluctuations. Traditionally, no attempt is made to
model the pressure fluctuations since it cannot be measured with accuracy. DNS
data support that the influence of pressure fluctuations is negligible (Wilcox,
1998: 286). The remainder of the diffusion term is typically modelled assuming
a gradient transport process: Daly and Harlow (1970) assumed Dij ∝ ∂τij/∂xk ,
but this does not account for the rotational invariance of Dij. Donaldson
(1972) added terms to correct the symmetry issue, but the dimensionality was
incorrect. Finally, Launder et al. (1975) introduced a scalar closure coefficient
and multiplied by k2/ε to ensure that the tensor is dimensionally correct and
rotationally invariant.

The pressure-strain tensor, Πij, is critical to model representatively, but ex-
tremely challenging to do so. Its significance lies in the fact that it is of the
same order of magnitude as the production term; its difficulty to model is due
to the vast number and complexity of possible correlations (Wilcox, 1998: 287).
The pressure fluctuations, p′, in an incompressible flow are represented by
a Poisson equation which can be solved with appropriate Green’s functions.
The most well-known model of this kind is the LRR model of Launder, Reece
and Rodi (1975) with the optional wall-reflection term of Gibson and Launder
(1978). The SSG model of Speziale, Sarkar and Gatski (1991) is another popular
Reynolds-stress model and does not require wall-reflection corrections.

4.4 Fan/Stator Modelling
Actuator disc modelling refers to the modelling of the flow in the vicinity
of turbomachinery blading without explicitly modelling the blades or blade
passages (Louw, 2015: 16). Engelbrecht (2018) developed the actuator disc
model (ADM) that was used in this study. He wrote a steady-state solver for
the extended actuator disc model (EADM) of Van der Spuy (2011), which is
based on Thiart and Von Backström’s (1993) ADM. The model was developed
for fans, but it can be used for stationary blades (stators) as well. Relative
velocities and flow angles then become absolute velocities and flow angles,
respectively.
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The ADM requires three identical axially aligned discs in the vicinity of the
fan/stator that are each one cell thick. Bredell (2005: 33) found the best results
when placing the upstream and downstream discs approximately half a chord
length away from the actuator disc. Figure 4.1 depicts this concept.

Upstream disc

Actuator disc

Downstream disc

x

z

0
.5
c h

Figure 4.1: Computational discs required by ADM (Engelbrecht, 2018: 23)

The paper of Thiart and Von Backström (1993) provides the equations required
for modelling flow in the vicinity of a fan. Since stator blades are stationary,
these equations are presented in the absolute frame of reference. Figure 4.2
depicts the relevant velocity vectors, angles and forces. The lift and drag forces
are determined with

δL = 1
2
ρu2

mCLchδr, (4.30)

δD = 1
2
ρu2

mCDchδr. (4.31)

δT

δQ/r

δD
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um

Chord

Axial
direction

Tangential plane

Figure 4.2: Two-dimensional blade element
(adapted from Thiart and Von Backström (1993))

The lift and drag data in Eqs. (4.30) and (4.31) were obtained using a uniform
velocity field. The velocity field at the fan/stator contains swirl and hence
reduces the validity of these data. To address this issue, Meyer and Kröger
(2001) found that using the average velocity upstream and downstream of
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the actuator disc, um, provides better results than using only the upstream
free-stream velocity vector.

The thrust, δT , and torque, δQ, exerted by the blade element on the fluid are
obtained by decomposing the lift and drag forces into axial and circumferential
components, viz.,

δT = δL cosαm − δD sinαm, (4.32)

δQ = (δL sinαm + δD cosαm)r. (4.33)

For these blade forces to be expressed as momentum sources or sinks in the
Navier-Stokes equations, they need to be expressed as per unit volume forces.
The volume is obtained by taking the number of blades and axial “thickness”,
∆, of the actuator disc into account, viz.,

∂T

∂V
=

nbδT

2πrδr∆
=

σδT

chδr∆
, (4.34)

∂Q

∂V
=

nbδQ

2πrδr∆
=

σδQ

chδr∆
. (4.35)

Substituting Eqs. (4.30) to (4.33) into Eqs. (4.34) and (4.35) yield the final
form of the source terms:

∂T

∂V
=

1

2
ρu2

m

σ

∆
(CL cosαm − CD sinαm), (4.36)

∂Q

∂V
=

1

2
ρu2

m

σ

∆
(CL sinαm + CD cosαm)r. (4.37)

The ADM assumes radial forces to be negligibly small so that ∂Fr/∂V = 0.

To resolve Eqs. (4.36) and (4.37), lift and drag data for the selected aerofoil pro-
file are required. For a range of Mach numbers, the lift and drag characteristics
of an aerofoil profile are a function of the Reynolds number and angle of attack
(Meyer and Kröger, 2001). McGhee and Beasley (1979) gathered experimental
data for the NASA-LS 0413 profile and plotted lift and drag coefficients as a
function of angle of attack for a range of Reynolds numbers. They varied the
angle of attack from −10° to 20° for Reynolds numbers ranging from 2× 106 to
9× 106. For angles of attack beyond stall, Thiart and Von Backström (1993)
used the empirical correlations of Hoerner (1965) and Hoerner and Borst (1985):
Beyond stall, the blade element behaves like a flat plate in separated flow, in
which case the lift and drag coefficients are described by

CL = CDmax sinαatt cosαatt, (4.38)

CD = CDmax sin2 αatt, (4.39)
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Figure 4.3: NASA-LS 0413 profile lift and drag characteristics at
Rech = 2× 106 (adapted from Engelbrecht (2018: 25))

where CDmax = 1.98 when the plate is perpendicular to the flow direction.
Figure 4.3 exemplifies lift and drag characteristics that are used in the fan/stator
model. Linear interpolation and extrapolation are used to determine the lift
and drag characteristics at other Reynolds numbers.

The extended actuator disc model (EADM) of Van der Spuy (2011) improves
on the ADM at low flow rates by augmenting the lift and drag characteristics
at low flow rates where radial flow is present. The EADM extends the linear
section of the lift characteristic curve for radial stations above a specified radius
ratio at low flow rates (see Subsection 2.6.4 for more on this). Subsequently,
the drag coefficient is adjusted proportionally to the increase in lift coefficient.

4.5 Conclusions
The equations governing all fluid flow problems are provided in Section 4.2, and
the closure problem is explained in Subsection 4.2.2. Section 4.3 covers various
turbulence modelling strategies. It includes linear, hybrid, and non-linear
eddy-viscosity models as well as stress-transport models. In Subsection 4.3.1,
attention is given to the two-equation k-ω model of Wilcox (1998) and the
four-equation v′2-f model of Durbin (1991). That is because the literature in
Subsections 2.6.1 and 2.6.2 illustrated that good results had been reported
with these models in flows involving adverse pressure gradients. Finally, the
modelling equations for the extended actuator disc model are outlined in
Section 4.4.



Chapter 5

Validation Study

5.1 Introduction
The physical size of air-cooled condenser fans often renders full-scale testing
impractical. The number of outlet configurations that needs to be tested for
the M-fan is also too extensive for a scaled-down experimental investigation.
Therefore, computational fluid dynamics (CFD) was used to simulate the
different discharge configurations for the M-fan (see the following chapter). Prior
to those simulations, a representative test case with published experimental
data was used to validate the CFD. The modelling strategies that provided the
most accurate results were then extrapolated to the M-fan simulations.

5.2 ERCOFTAC Conical Diffuser
The experimental results of Clausen et al. (1993) were selected for the validation
study. They took measurements of a swirling boundary layer developing in a
conical diffuser with an included angle of 20° and an area ratio of 2.84. This
test case has become known as the ERCOFTAC conical diffuser and is shown
in Fig. 5.1. The inlet swirl was sufficient to prevent boundary layer separation
but insufficient to cause recirculation at the centreline. The swirl was generated
using a rotating cylinder with a honeycomb screen near its inlet. It produced
a near solid-body rotation with a relatively uniform axial velocity in the core
region at the diffuser inlet. The average inlet axial velocity was U0 = 11.6 m/s
and the inlet swirl number was Wmax/U0 = 0.59, where Wmax is the maximum
circumferential velocity at the diffuser inlet. The diffuser discharged into the
open atmosphere. Measurements were taken in traverses normal to the wall, as
shown in Fig. 5.1. Mean velocity measurements were measured using single
wire hot-wire anemometers, with an estimated error of 2 %. Reynolds stresses
were measured with an X-wire probe, with an estimated error of 10 %. Static
pressures at the wall were measured with wall taps.
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Figure 5.1: ERCOFTAC conical diffuser with measurement traverses
(adapted from Armfield et al. (1990))

5.3 Past Studies
Several numerical studies have been performed on the ERCOFTAC test case
(Armfield and Fletcher, 1989; Armfield et al., 1990; Cho and Fletcher, 1991;
Rodi et al., 1995; Gyllenram and Nilsson, 2006; Bonous, 2008; Nilsson et al.,
2008; Dhiman et al., 2011; From et al., 2017). Armfield and Fletcher (1989) and
Cho and Fletcher (1991) demonstrated that algebraic stress models (ASMs)
outperform k-ε models, especially for the prediction of the peaks in near-
wall velocity and turbulence quantities. Armfield et al. (1990) obtained good
predictions of the mean flow and turbulence quantities using an ASM and a
k-ε model with a two-layer wall function.

Bonous (2008) and Nilsson et al. (2008) found that the standard k-ε and SST
k-ω models produce similar velocity profiles but different turbulent kinetic
energy profiles. The results indicate that solutions obtained with both models
are sensitive to the specified inlet turbulence quantities (Bonous, 2008: 48). The
turbulence dissipation rate data in the ERCOFTAC database were generated
using a turbulence intensity of 10 % and a viscosity ratio of µt/µ = 14.5 at the
inlet. Substantial improvement was seen when an inlet turbulence viscosity
ratio of µt/µ = 27.3 was used instead. Further, they found that the order of
accuracy of the discretisation scheme influences solutions. Results were found
to be insensitive to the linear solver and cross-sectional grid topology.

Dhiman et al. (2011) compared the performance of different RANS turbulence
models. They tested the standard, realisable and RNG k-ε turbulence models
with a two-layer wall function, the SST k-ω model, and an RSM. The standard
k-ε model and RSM performed well overall, and the RNG k-ε and SST k-ω
models performed poorly. All the models, however, underestimated the near-
wall streamwise velocity and overpredicted it near the centreline. From et al.
(2017) used a k-ω baseline-explicit algebraic-stress model (BSL-EASM) in their
simulations. They reported excellent results, especially near the diffuser walls.
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5.4 Computational Setup
The geometry used for the validation study was inspired by Gyllenram and
Nilsson (2006). Since velocity and Reynolds-stress data are available at the
diffuser inlet, the inlet extension they used was neglected. The contracted
extension after the dump was also discarded. With it present, it was challenging
to obtain converged solutions. The majority of the simulations were run as
two-dimensional axisymmetric problems using wedge-shaped meshes. The
wedge angle was set to five degrees, as advised by the OpenFOAM user manual
(Greenshields, 2017: 141). Figure 5.2 depicts the computational domain.
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Figure 5.2: Computational domain for ERCOFTAC conical diffuser

OpenFOAM’s built-in mesh generation utility, blockMesh, was used to generate
hexahedral meshes. The meshes were parametrised using m4 scripts. Initially,
the realisable k-ε turbulence model with wall function was used. Velocity and
turbulent kinetic energy profiles at the inlet (x = −25 mm) were interpolated
from the experimental measurements of Clausen et al. (1993) using groovyBC.
This boundary condition requires the OpenFOAM extension, swak4Foam. The
inlet turbulence dissipation rate was computed with

ε =
Cµk

2

ν(µt/µ)
, (5.1)

where ν = 1.5× 10−5 is the kinematic viscosity of air and µt/µ = 14.5 is
the turbulent viscosity ratio initially used by Bonous (2008). Note that the
standard constant coefficient of Cµ = 0.09 was assumed at the inlet for all k-ε
based models, even though this might not be true for the respective models—it
is, for example, not constant in the realisable version (see Shih et al. (1995)).
A zero-gradient condition was set for the inlet pressure boundary condition.

The boundary conditions for the stationary casing before the diffuser and
diffuser walls were set to no-slip for velocity. Zero gradients were specified
for pressure and turbulent kinetic energy. The epsilonWallFunction and
nutkWallFunction wall functions were used for turbulence dissipation and
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turbulent viscosity, respectively. Liu (2016) provides an in-depth explanation
of these wall functions. The boundary conditions for the dump were set to
slip for velocity and zero-gradient for the remaining variables. At the outlet,
Neumann boundary conditions of zero were specified for velocity and turbulence
quantities. A Dirichlet boundary condition equal to zero was used for pressure.

OpenFOAM’s steady-state solver for incompressible turbulent flows was used
for most simulations. It makes use of the semi-implicit method for pressure-
linked equations (SIMPLE) algorithm for pressure-velocity coupling. The
discretisation schemes rely on standard Gaussian finite-volume integration,
which interpolates values from cell centres to face centres. Central differencing
was used for all gradient schemes. The bounded variant of the second-order
linear-upwind scheme was used for the advection of velocity. The advection
of scalar fields was discretised with a bounded limited-linear scheme that
limits towards the upwind scheme in regions of rapid change. Laplacian terms
were discretised using linear interpolation for the diffusion coefficient and
the corrected scheme for surface-normal gradients. The latter is a second-
order scheme that allows for mesh non-orthogonality up to approximatively
70°. Simulations we deemed converged when the normalised residual for all
equations reached at least 10−5 and the pressure difference between the outlet
and inlet settled to a constant value.

5.5 Grid Dependence Study
A grid dependence study is an essential part of all high-quality CFD studies.
The solution of the underlying partial differential equations (PDEs) emerges
through the process of sequentially refining the mesh until grid independence
is achieved. That is, key flow properties do not change as the computational
grid is refined beyond a certain point.

For the grid dependence study, the dump length and radius were fixed at ten
diffuser inlet diameters and five diffuser outlet radii, respectively. Table 5.1
provides the details of the successively refined meshes. The wall static pressure
coefficient and flow profiles at the x = 330 mm traverse are plotted in Fig. 5.3.
The wall static pressure coefficient is calculated with

Cpw =
p∞ − psw(x)

ρU2
0/2

, (5.2)

where psw(x) is the static pressure along the diffuser wall and p∞ is the static
pressure at the domain outlet, which was set equal to zero. The overall static
pressure coefficient of the diffuser, Cp, can be determined by replacing psw(x)
with psi in Eq. (5.2). The latter represents the area-weighted average of the
static pressure at the domain inlet.
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Table 5.1: Details of meshes used in grid dependence study

Grid
identifier

Number
of nodes

Average
diffuser y+

Cp

[–]
Difference

[%]

Grid 1 13 040 114.755 0.927 4.497
Grid 2 26 110 74.600 0.949 2.186
Grid 3 52 160 47.838 0.963 0.736
Grid 4 104 565 31.827 0.970 –
Grid 5 208 640 21.799 0.975 0.474
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Figure 5.3: Flow profiles at the x = 330 mm traverse and wall static pressure
coefficient for successively refined meshes
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From Table 5.1 and Fig. 5.3 it is evident that results started to stabilise at
Grid 3: The pressure difference is within one per cent of the next finer mesh.
The profiles for Grids 3, 4 and 5 are similar. However, for Grid 4, the y+-values
at the diffuser wall lie within the range of 29.57 to 35.49—close to the desired
value of 30. There is also a slight improvement in the turbulent kinetic energy
profile compared to Grid 3. Note that the wall-adjacent grid points in Grid 5
fall within the buffer layer (5 < y+ < 30), which should always be avoided.
Therefore, Grid 4 was selected (and used as reference value in Table 5.1). It
was used for all high-Reynolds-number computations in the validation study.

5.6 Boundary Distance Effects
The dump in Fig. 5.2 represents the open atmosphere. The size of this dump
should be large enough to ensure that the results in the diffuser are not affected
by the boundaries of the dump. As zero gradients were prescribed for velocity
and turbulence quantities at the outlet, the flow needs to stabilise before it
reaches the outlet boundary. Versteeg and Malalasekera (2007: 283) state that
the outlet boundary should be located at least ten heights downstream of
the last flow obstacle. Therefore, an initial dump length of ten inlet diffuser
diameters was selected, i.e. ldump = 10ddifi. Gyllenram and Nilsson (2006) used
a dump diameter of three diffuser outlet diameters. To be more conservative,
an initial dump radius of five outlet diffuser radii was chosen, i.e. rdump = 5rdifo.

Grid 4 (see the previous section) was used for the boundary distance sensitivity
study. In order to find a suitable dump length, the length was varied while the
dump radius was fixed at five diffuser outlet radii. Similarly, the dump radius
was varied while its length was fixed at ten inlet diffuser diameters in search
of a suitable dump radius. Figure 5.4 illustrates the sensitivity of the diffuser
static pressure coefficient to the dump length and radius.

From Fig. 5.4 (note the fine ordinate scale) it is evident that the diffuser pressure
coefficient is relatively insensitive to the length and radius of the dump. The
pressure coefficient varies by less than a per cent for all the lengths considered.
However, velocity gradients existed close to the outlet boundary for ldump/ddifi

equal to four and six. Therefore, a dump length equal to eight diffuser inlet
diameters was selected. The results seem to stabilise for a dump radius equal
to five diffuser outlet radii. Subsequently, ldump/ddifi = 8 and rdump/rdifo = 5
were deemed satisfactory. The flow and turbulence quantities are essentially
independent of the dump length and radius. Profiles are, therefore, not provided.
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Figure 5.4: Effects of the dump length and radius on the static pressure
coefficient of the diffuser

5.7 Sensitivity to Inlet Turbulence Quantities
Clausen et al. (1993) provide velocity and turbulence kinetic energy profiles
at the inlet of the domain. The profile for the remaining turbulence equation
must be calculated. Turbulence dissipation can be approximated with

ε =
C

3/4
µ k3/2

`t
or ε =

Cµk
2

ν(µt/µ)
. (5.3)

Bonous (2008) initially assumed an inlet turbulence intensity of 10 % and a
turbulent viscosity ratio of µt/µ = 14.5. He obtained better results when
he used µt/µ = 27.3. Gyllenram and Nilsson (2006) also used a turbulence
intensity of 10 % but used a turbulent length scale of 3.2 mm. The latter is
equal to the cell size of the honeycomb in the swirl generator.

In this validation study, it was deemed more accurate to use the inlet turbulent
kinetic energy profile of Clausen et al. (1993) instead of a constant turbulence
intensity. Both viscosity ratios of Bonous (2008) were used, namely 14.5 and
27.3, as well as the `t = 3.2 mm length scale of Gyllenram and Nilsson (2006)
to compute the inlet turbulence dissipation profile with Eq. (5.3).

From Fig. 5.5 it is clear that solutions are affected by the specified inlet turbu-
lence conditions. Using an inlet turbulent length scale equal to the honeycomb
cell size yields results that compare the closest with the experimental measure-
ments. The rationale behind this length scale also makes sense. Therefore, this
length scale was selected to compute the inlet turbulence quantities.
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Figure 5.5: Flow profiles at the x = 330 mm traverse and wall static pressure
coefficient for different inlet turbulence conditions

5.8 Turbulence Models
Thus far, the realisable k-ε turbulence model was used for all simulations.
It was selected as an initial model since most of the more recent studies at
Stellenbosch University on axial flow fans and ACCs employed it (Van der
Spuy, 2011; Louw, 2015; Wilkinson, 2017; Engelbrecht, 2018). That is because
the realisable version generally outperforms the standard k-ε model, especially
when swirl is present (Shih et al., 1995).

The literature survey suggested that k-ω based models or the v′2-f model might
perform well for the current flow problem. Nevertheless, various turbulence
models were tested to see which ones compare favourably with the experimental
measurements of Clausen et al. (1993). The dimensionless distance from the
wall for high-Reynolds-number models was kept in the order of y+ ∼ 30,
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and y+ ∼ 1 for the low-Reynolds-number models. A grid dependence study
was done using the low-Reynolds-number k-ε model of Launder and Sharma
(1974) for y+-values slightly above and below unity. Results were found to be
insensitive to subtle refinement and coarsening of the near-wall grid clustering.

High-Reynolds-number computations utilised wall functions. The tested k-ε
based models included Launder and Spalding’s (1974) standard model, the
realisable model of Shih et al. (1995), the RNG version of Yakhot et al. (1992),
and Shih et al.’s (1993) quadratic model. The standard k-ω model of Wilcox
(1998) and SST variant of Menter (1994) were tested. The LRR (Launder,
Reece and Rodi, 1975) and SSG (Speziale, Sarkar and Gatski, 1991) RSMs
were also tested. These closure models produced the streamwise velocity and
turbulent kinetic energy profiles at the last measuring traverse (x = 405 mm)
shown in Fig. 5.6. The standard k-ω model compares the closest with the
velocity measurements. However, it underestimates the near-wall spike in
turbulent kinetic energy. The SST k-ω model performs surprisingly poor, which
agrees with the findings of Dhiman et al. (2011).

The tested low-Reynolds-number models included the k-ε models of Launder
and Sharma (1974) (LS k-ε) and the cubic non-linear version of Lien et al.
(1996) (LC k-ε). The wall-integrated standard and SST k-ω models were
tested. Finally, the modified four-equation v′2-f model of Lien and Kalitzin
(2001) were implemented. Figure 5.7 presents the profiles obtained with these
models. Again, the k-ω model predicts the velocity well and underestimates
the near-wall turbulent kinetic energy. The SST k-ω model performs poorly.

It is difficult to make a conclusive statement as to which of the tested turbulence
models performs the best. The k-ω model, with or without wall functions,
predicts the flow well: Its streamwise and circumferential velocity profiles
compare well with the measurements. Wall static pressures are predicted
slightly better than the other models (not shown). However, the near-wall
turbulent kinetic energy is underestimated. Generally, k-ε models predict the
near-wall turbulent kinetic energy better. They also provide comparable velocity
and pressure results. However, Subsections 2.6.1 and 2.6.2 demonstrated that
such models typically fail when applied to boundary layers in adverse pressure
gradients. Wall functions are also generally not applicable in adverse pressure
gradients, and damping functions lack sound physical basis. Therefore, it was
decided to avoid k-ε models. Stress-transport models do not show any clear
advantage in this case. The v′2-f model provides better kinetic energy profile
predictions, but slightly worse velocity and pressure predictions. Ultimately,
the wall-integrated k-ω turbulence model was selected for future computations.
Wall and damping functions are thus avoided. This model typically predicts
separation before k-ε models would (see Subsection 4.3.1). It will thus yield
more conservative designs when applied to diffuser design.
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Figure 5.6: Flow profiles at the x = 405 mm traverse for different
high-Reynolds-number turbulence models
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Figure 5.7: Flow profiles at the x = 405 mm traverse for different
low-Reynolds-number turbulence models
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5.9 Transient and Three-Dimensional Effects
According to Stewart et al. (2013), adverse pressure gradients may cause
asymmetries or disturbances in both computational and experimental data.
However, McDonald et al. (1971) found that the flow inside unstalled diffusers
with swirling inlet flow was symmetric within experimental error. This find-
ing suggests that the flow inside the ERCOFTAC conical diffuser should be
axisymmetric. Notwithstanding, Dhiman et al. (2011) reported substantial im-
provement in the wall static pressure coefficient and velocity profile predictions
within the ERCOFTAC diffuser using a three-dimensional approach as opposed
to a two-dimensional axisymmetric approach.

An investigation was, therefore, performed to determine whether an axisym-
metric condition eliminates physical aspects of the problem. Steady-state
and transient simulations were performed to test for time-dependence as well.
Convergence was challenging to achieve (∼ 10−3) for the transient simulations
and the time step needed to be extremely small (∼ 10−5) for the low-Reynolds-
number meshes.

Figure 5.8 illustrates that transient and three-dimensional effects are insignifi-
cant. The best wall static pressure coefficients are, in fact, obtained assuming
steady-state conditions on a two-dimensional axisymmetric mesh. However,
this is probably due to the improved level of convergence (∼ 10−5) achieved for
the steady-state simulations. Therefore, steady-state axisymmetric simulations
were deemed sufficient.

5.10 Conclusions
The experimental results of Clausen et al. (1993) were used to validate the
computational fluid dynamics. Their experiment involved swirling flow in a
conical diffuser, which is discussed in Section 5.2. Previous numerical studies
on this particular diffuser are briefly outlined in Section 5.3. The computational
setup is discussed in Section 5.4. It includes details of the computational domain,
mesh, boundary conditions, solvers, and discretisation practices. Section 5.5
contains a grid dependence study: A high-Reynolds-number grid with 104 565
nodes and y+ ∼ 30 produced grid-independent solutions. The effects of the
boundary distances are examined in Section 5.6: The outlet boundary should be
located eight inlet diffuser diameters downstream of the diffuser discharge plane.
The dump, which represents the open atmosphere, requires a radius equal to
five times the diffuser outlet radius. Section 5.7 demonstrates that solutions
are sensitive to the inlet length scale and viscosity ratio used to compute the
turbulence dissipation: A turbulent length scale equal to the honeycomb cell size,
i.e. 3.2 mm, gave good results. An appropriate turbulence model is identified
in Section 5.8: No model clearly outperformed the rest, but the wall-integrated
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Figure 5.8: Flow profiles at the x = 405 mm traverse and wall static pressure
coefficient for steady-state and transient simulations on two-dimensional

axisymmetric and three-dimensional meshes

standard k-ω model produced satisfactory results. Finally, time dependence and
three-dimensionality are investigated in Section 5.9: Steady-state axisymmetric
simulations performed just as well as transient three-dimensional simulations.



Chapter 6

M-Fan Discharge Configurations

6.1 Introduction
Diffusers, stators, or a combination of these can be used to convert a portion of
the dynamic pressure loss to static pressure—hence the term pressure recovery.
Pressure recovery increases the mechanical energy available to the air in the
fan system, which raises the fan static pressure characteristic curve. Pressure
recovery will thus tend to shift the operating point of a given fan system to a
higher volumetric flow rate.

This chapter considers various outlet configurations for the M-fan. That is, the
addition of a stator, a conical diffuser with and without a stator at its inlet, an
annular diffuser with and without a stator at its inlet, and an annular diffuser
with a stator at its outlet. The aim is to find the configuration that provides
the highest pressure recovery at the design flow rate, and that is robust to
off-design conditions.

As a start, parametric studies were conducted to find the diffuser geometries
that yield maximum pressure recovery at the design flow rate. Fixed inlet
velocity profiles were used for this. Thereafter, the best performing geometries
of the individual cases were tested at off-design flow rates. Finally, the pressure
recoveries of the overall highest performing discharge configuration were added
to the characteristics of the M-fan to obtain the combined characteristics of
the fan-diffuser unit.

6.2 Computational Setup
The geometries and meshing strategies were similar to those used in the valida-
tion study (see Section 5.4), i.e. wedge-shaped two-dimensional axisymmetric
meshes with hexahedral and prism cells. Since the wall-integrated k-ω turbu-
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lence model was selected, integration through the viscous sublayer was achieved
using a densely clustered layer of width 0.05rFC at no-slip boundaries so that
y+ ∼ 1. Again, a large dump represented the free discharge to the open
atmosphere.

The inlet of the computational domain started at the outlet of the M-fan. The
fan itself was thus not modelled. Fixed velocity and turbulence profiles at the
fan outlet were used to specify the inlet boundary conditions. These profiles
were obtained from Wilkinson (2017: 70–72), who provides outlet velocity
profiles of the M-fan at flow rates ranging from 265 to 385 m3/s. The profiles
were measured from the hub to the tip of a periodic three-dimensional CFD
model, approximately 0.1 m downstream of the aerofoil trailing edge at the hub.
Since the validation study proved that results are sensitive to the specified inlet
turbulence quantities (see Section 5.7), profiles for k and ε were obtained from
Wilkinson himself. The exact inlet profiles were thus used instead of estimated
turbulence intensities and length scales. Turbulence dissipation was converted
to turbulence frequency using ω = ε/(β∗k), where β∗ = 0.09 (Wilcox, 1988). A
zero Neumann boundary condition was set for pressure at the inlet.

The duct wall following the fan casing and diffuser walls were modelled as no-
slip boundaries. A zero-gradient condition for pressure and a fixed value of zero
for turbulent kinetic energy were specified at these walls. The turbulent specific
dissipation within the viscous sublayer was determined with ω = 6ν/(β1y

2),
where β1 = 0.075 (see Eq. (4.15)). The turbulent viscosity was set equal to
zero at the no-slip walls.

Slip boundaries were specified for the dump and fan hub walls. That is because
no mechanical energy losses are expected at the walls of the dump. Also,
the exact shape of the fan hub is not known and the near-wall flow there is
unimportant. Since the solver deals more easily with slip walls compared to
no-slip walls, the former was used for the hub. Zero gradients were assumed
for pressure and turbulence quantities at these slip boundaries.

A total pressure of zero was specified as outlet boundary condition along with
zero gradients for velocity and turbulence quantities. The front and rear planes
of the domain were set to wedge boundaries, which is how OpenFOAM deals
with two-dimensional axisymmetric problems. The sharp edge of the wedge
was specified as a symmetry boundary, but this was merely a placeholder.

The kinematic viscosity and density of air at 20 ◦C were used in all simulations,
i.e. ν ≈ 1.5× 10−5 and ρ ≈ 1.2 kg/m3, respectively. Steady-state simulations
for incompressible turbulent flows were performed. For simulations involving
stators, the solver written by Engelbrecht (2018) was used. It incorporates
the EADM (discussed in Section 4.4) into a steady-state incompressible solver
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for turbulent flows. These solvers achieve pressure-velocity coupling using the
SIMPLE algorithm. Simulations generally ran for 50 000 to 100 000 iterations
to reach residuals in the order of 10−5 to 10−6. The area-weighted average
of pressure at the inlet was also monitored. If it stabilised by the time the
residuals reached the mentioned values, the solution was deemed converged.

OpenFOAM’s discretisation practices are generally based on standard Gaussian
finite-volume integration: It sums values on cell faces that were interpolated
from cell centres (Greenshields, 2017: 118). Gradient schemes were discretised
using the second-order central-differencing scheme. The bounded variants of
the second-order linear-upwind scheme and first-order upwind scheme were used
for the advection of velocity and turbulence quantities, respectively. Laplacian
terms were discretised using linear interpolation for the diffusion coefficient
and the limited-corrected scheme with a stabilising coefficient of 0.33 for
surface-normal gradients. The latter scheme offers improved stability, but
reduced accuracy, compared to the normally recommended corrected scheme
(Greenshields, 2017: 124). The high aspect ratio wall-adjacent cells near the
diffuser exit made convergence with the corrected scheme challenging. The
limited scheme, however, made convergence possible.

Sensitivity to grid density and boundary distances were tested for the different
outlet configurations. Details hereof are available in Appendices C and D,
respectively. These sensitivity studies employed the standard k-ω turbulence
model with wall functions. After the grid that resolves the mean flow and
the boundary distances that do not affect key results have been found, grid
clustering was added to facilitate integration through the boundary layer. Final
results were then obtained with fully resolved boundary layers. The results
presented below are thus grid and boundary-distance independent.

6.3 Downstream Stator
McKenzie (1997: 24) advises to use a stator if the flow angle at the rotor outlet
is larger than 15° and smaller than 45°. For the M-fan, the minimum and
maximum flow angles occur at the tip and hub, i.e. 20° and 44°, respectively.
The M-fan may thus benefit from a stator.

Figure 6.1 depicts the computational domain that was used for the stator
simulations. Note the discs that are required by the extended actuator disc
model (EADM). As advised by Bredell (2005: 33), the upstream and downstream
discs are located half a mean stator chord length from the actuator disc. The
stator was designed following the design methodology outlined in Appendix B.
The velocity profiles at the M-fan outlet were used as inlet velocity profiles
to the stator. The resulting stator has nine blades with a mean chord length
of chm = 1.286 m. Wallis (1983: 291) recommends straightener vanes to be
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located at least half a rotor blade chord downstream of the blade trailing edge
to minimise interference noise. This is approximately where Wilkinson et al.
(2017) measured their outlet velocity profiles. Therefore, the upstream disc of
the EADM is located right at the inlet of the domain.

1.5ch

ldump

r d
u
m
p

r F
H

Inlet

Slip walls

T
ot
al

pr
es
su
re

ou
tl
et

No-slip
wall

Axis

Dump
(Atmosphere)

EADM discs

Slip walls

ch

r F
C

Grid clustering

Figure 6.1: Computational domain used for downstream stator simulations

Solutions are proved to be independent of the mesh density and boundary
distances in Appendices C and D, respectively. Key results did not change
after the dump reached a size of ldump/dFC = 18 and rdump/rFC = 13. Grid
clustering at no-slip boundaries facilitated integration through the viscous
sublayer. The final mesh had 1 533 362 nodes with y+ ∼ 1 at the walls of
interest. Figure 6.2 illustrates that the EADM solver with the designed stator
effectively removed the swirl from the flow while hardly affecting the axial
velocity profile. The stator caused a pressure rise of 11.302 Pa at the design
flow rate, which translates to a pressure recovery coefficient of Krec = 0.316.
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Figure 6.2: Velocity profiles at the inlet and outlet of the stator
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6.4 Conical Diffuser
Senoo et al. (1978) reported good performance with a conical diffuser having a
total divergence angle of 2θ = 8°. The highest pressure recovery was obtained
with an inlet free-vortex swirl intensity in the order of Si = 0.10 to 0.12.
Recirculation at the centreline started when Si = 0.18. The swirl intensity at
the outlet of the M-fan is approximately equal to 0.3, which is high compared
to the results of Senoo et al. (1978). Reverse core flow is thus probable if a
conical diffuser is to be installed downstream of the M-fan.

Hill et al. (1963) found that wake-type distortions caused by upstream flow
obstructions may lead to diffuser stall if the pressure gradient is large enough.
Raj and Lakshminarayana (1973) reported velocity defects in the downstream
wakes caused by aerofoils up to three-quarter chord lengths. Therefore, it
was decided to locate the inlet of the diffuser two mean stator chord lengths
downstream of the M-fan. This axial clearance is ample to avoid rotor wakes
entering the diffuser. However, the wake following the fan hub will probably
still enter the conical diffuser and affect its performance negatively. Figure 6.3
is a schematic of the computational domain.
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Figure 6.3: Computational domain used for conical diffuser simulations

Solutions became independent of the dump boundaries when it reached a size of
ldump/dFC = 14 and rdump/rFC = 8 (see Appendix D). A parametric study was
performed in search of the diffuser geometry that provides the highest pressure
recovery. Wall angles within the range of 0° ≤ θ ≤ 20° were tested in increments
of one degree. The axial length of the diffuser was held constant at one fan
diameter. Figure 6.4 depicts the results in the form of a pressure recovery
coefficient versus area ratio plot. For these diffusers, the area ratio is defined
as the total area at the diffuser outlet divided by the area of the fan annulus,
i.e. AR = Adifo/∆AF. These simulations were performed on grid-independent
meshes with 807 003 nodes (see Appendix C).
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Figure 6.4: Variation of pressure recovery coefficient with area ratio for
conical diffusers

There is a pronounced maximum of Krec = 0.647 at an area ratio of 1.507 (or
included angle of 2θ = 10°). This pressure recovery coefficient is two times
higher than the value reported in the previous section with a stator only.
Included angles of 8° and 12° provide pressure recoveries within five per cent of
the maximum, and 14° within ten per cent of the maximum. The range of area
ratios providing high pressure recoveries is thus quite narrow.

6.5 Conical Diffuser with a Stator at its Inlet
Swirl angles up to approximately ten degrees may aid diffuser performance
(see Subsection 2.4.5). However, it was mentioned earlier that the swirl at the
outlet of the M-fan is higher than this, which may be detrimental for diffuser
performance. A stator was thus added between the fan outlet and diffuser inlet
to remove the swirl before it enters the diffuser. The leading edge of the stator
was located at a half mean rotor chord length downstream of the M-fan (thus
at the inlet of the domain), and the trailing edge was located at 1.5 mean stator
chord lengths upstream of the diffuser. According to the findings of Raj and
Lakshminarayana (1973), stator wakes are not expected to influence diffuser
performance.

The same computational domain as in Section 6.4 was used, but EADM
discs were added at the inlet to represent the stator. Grid independence is
proved in Appendix C and the final mesh had 1 114 632 grid points with strong
grid clustering near the walls to resolve the boundary layer. Results became



70 CHAPTER 6. M-FAN DISCHARGE CONFIGURATIONS

independent of the dump boundaries when it reached a size of ldump/dFC = 16
and rdump/rFC = 10 (see Appendix D). A parametric study was performed
for the same range of diffuser wall angles, i.e. 0° ≤ θ ≤ 20°. The results are
displayed in Fig. 6.5.
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Figure 6.5: Variation of pressure recovery coefficient with area ratio for
conical diffusers with a stator at their inlets

In this case, the highest pressure recovery coefficient, i.e. Krec = 0.842, occurs
at an area ratio of 1.998 (or included angle of 2θ = 20°). This maximum is far
less pronounced than the one in the previous section for conical diffusers with
inlet swirl. The pressure recoveries reported here are also considerably higher
and diffuser performance is less sensitive to area ratio. Included angles in the
range of 16° to 24° perform within one per cent of the maximum reported value,
and the wider range of 12° to 36° is still within five per cent of the maximum.

However, the observed insensitivity to area ratio and elevated pressure recoveries
will most probably change as the outlet velocity profiles of the M-fan change due
to a shift in operating point. The diffuser of area ratio 1.792 (2θ = 16°) yielding
a recovery of Krec = 0.837 is recommended: Its performance is essentially the
same as the highest reported value and the reduced wall angle is preferred as it
translates to decreased wall surface area and hence costs.

6.6 Annular Diffuser
The geometry of an annular diffuser is expressed in terms of its length, inner
and outer wall angles, and inlet radius ratio. In this case, the inlet radius ratio
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coincides with the hub-to-tip ratio of the M-fan and the length is equal to
the fan diameter. These simulations were performed using the computational
domain in Fig. 6.6. With dump boundary distances of ldump/dFC = 16 and
rdump/rFC = 8, and a mesh of approximately 900 000 cells, results proved to be
grid and boundary-distance independent (see Appendices C and D).

A parametric study was performed for various combinations of diffuser hub
and casing wall angles: The hub wall angle was varied within the range of
0° ≤ θH ≤ 30° in increments of two degrees; a range of casing wall angles
was tested for each one of these hub wall angles. A total of 87 simulations
were performed, and their results are contained in Fig. 6.7. For these annular
diffusers, the area ratio is defined as the annular area at the diffuser outlet
divided by the area of the fan annulus, i.e. AR = ∆Adifo/∆AF.
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Figure 6.6: Computational domain used for annular diffuser simulations

Comparing Figs. 6.7a and 6.7c, it is clear that the area ratio for maximum
pressure recovery is dependent on the combination of wall angles used, which
contradicts the findings of Sovran and Klomp (1967: 287). However, they
performed their experiments with axial inlet flow. The presence of inlet swirl
thus makes the selection of wall-angle combination more critical. The highest
pressure recovery, i.e. Krec = 1.143, is reported for a diffuser with both inner
and outer wall angles equal to 24° from the axial, giving an area ratio of 2.381.
The equiangular annular diffusers with wall angles equal to 20°, 22° and 26°
perform within five per cent of the maximum value.

The equiangular diffuser of area ratio 2.253 with wall angles of 22° from the
axial is recommended: Its pressure recovery of Krec = 1.134 is within one
per cent of the maximum value but with slightly shallower wall angles. It is
interesting how this compares with the findings of Srinath (1968), cited by
McDonald et al. (1971) (see Subsection 2.4.5). He observed peak pressure
recovery with a constant inlet swirl angle equal to the total divergence angle of
the annular walls. The total divergence angle of the recommended equiangular
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Figure 6.7: Variation of pressure recovery coefficient with area ratio for
annular diffusers

diffuser is 2θ = 44°. The maximum swirl angle at the M-fan outlet is 44° at
the hub. It thus seems that his finding may hold for the maximum swirl angle
of free-vortex swirl distributions as well.

6.7 Annular Diffuser with a Stator at its Inlet
In this case, a stator was installed between the fan outlet and annular diffuser
inlet. Similar to the conical diffuser case with a stator at its inlet, the leading
edge of the stator was located half a mean rotor chord length downstream of
the M-fan, and the trailing edge was located 1.5 mean stator chord lengths
upstream of the diffuser. The same computational domain as in the previous
section was used, but EADM discs were inserted at the domain inlet to represent
the stator. Grid-independent solutions where obtained (see Appendix C) and
results became independent with boundary distances of ldump = 14dFC and
rdump = 6rFC (see Appendix D). These simulations were performed on wall-
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integrated meshes with approximately 650 000 nodes.

A parametric study was performed to find the annular diffuser geometry that
yields the highest performance: The hub wall angle was varied within the range
of 0° ≤ θH ≤ 20° combined with various casing wall angles. Altogether, 93
combinations were simulated. The results are illustrated in Fig. 6.8
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Figure 6.8: Variation of pressure recovery coefficient with area ratio for
annular diffusers with a stator at their inlets

Although Fig. 6.8 may seem overwhelmingly dense, there is a clear trend in
the data for area ratios up to approximately three. This trend substantiates
the finding of Sovran and Klomp (1967: 287), namely that the area ratio for
a specified pressure recovery is relatively independent of the combination of
wall angles. From the figure, it seems that any of the tested annular diffusers
with area ratios between two and three will perform well. The highest reported
pressure recovery, i.e. Krec = 1.129, is for a diffuser of area ratio 3.119 having a
wall angle combination of θH = 2° and θC = 20°. However, 15 more of the tested
wall angle combinations produce pressure recoveries within one per cent of the
maximum value. The diffuser with a cylindrical hub, i.e. θH = 0°, and outer
wall angle of 14° (or area ratio 2.360) falls within this group. This diffuser will
probably be the most economical to manufacture since shallower wall angles
result in smaller wall surface areas.
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6.8 Annular Diffuser with a Stator at its Outlet
Only the recommended annular diffuser in Section 6.6 is considered here, i.e.
the equiangular diffuser with half-wall angles equal to 22°. A stator was added
at the diffuser outlet to recover the residual circumferential component of
dynamic pressure. A new stator had to be designed as the velocity profiles at
its inlet were now different than they were when located directly downstream
of the M-fan. The design method in Appendix B was followed, but this time,
13 stator blades were used and only 45 % of the swirl could be removed. These
changes were necessary in order to obtain realistic blade chord lengths (i.e.,
approximately 1 m to 1.5 m). The chord of the resulting stator blades varies in
the range of 1.29 m at the hub to 1.52 m at the tip. The blade loading varies
between 0.31 and 0.75. Figure 6.9 illustrates how the flow profiles change from
the inlet to the outlet of the new stator.
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Figure 6.9: Velocity profiles at the inlet and outlet of the stator located at
the annular diffuser exit

The discharge dump dimensions needed to be ldump = 14dFC and rdump =
6rFC for these computations to not be affected by the dump boundaries (see
Appendix D). With these boundary distances, meshes with 681 320 cells were
capable of resolving the mean and near-wall flow (see Appendix C). This outlet
configuration yields a pressure recovery coefficient of Krec = 0.951 near the
design flow rate. This is about 16 % lower than what it was for the annular
diffuser on its own, i.e. Krec = 1.134 (see Section 6.6). Notwithstanding the
added complexity and costs associated with the stator, the performance is
actually worse. Therefore, this configuration is deemed unsuccessful.
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6.9 Sensitivity to Off-Design Conditions
From the above results, it is evident that the recommended annular diffusers
with and without stators outperformed the recommended conical diffusers with
and without stators. The least amount of pressure recovery was achieved with
a stator only. It is, however, not clear whether the annular diffuser with or
without a stator at its inlet performs better at the design flow rate: Without
a stator, the pressure recovery coefficient was Krec = 1.134. With a stator, it
was Krec = 1.125.

A conclusive statement as to which outlet configuration provides the best
performance can thus not yet be made. The determining factor will be to
see which outlet configuration responds the best to off-design conditions. The
recommended diffuser geometries in Sections 6.4 to 6.8 were used for this
investigation: That is, the conical diffuser of area ratio 1.507, and the one of
area ratio 1.792 with a stator at its inlet. The 22° equiangular annular diffuser,
and the one with half-wall angles of θH = 0° and θC = 14° with a stator at its
inlet. Finally, that same annular diffuser with 22° equiangular walls, but fitted
with a newly designed stator at its outlet.

Wilkinson (2017: 70–72) provides outlet velocity profiles for the M-fan at off-
design conditions ranging from 265 to 385 m3/s. These fixed profiles were used
to specify the inlet boundary conditions for the individual cases. The resulting
pressure recovery coefficients are displayed in Fig. 6.10. The equiangular
annular diffuser and the annular diffuser with a stator at its inlet produced
the highest pressure recoveries over a range of flow rates. In the vicinity of
the design flow rate, these two annular diffusers perform essentially the same.
However, at low flow rates, the performance of the annular diffuser with a
stator deteriorates. It seems that outlet configurations with stators generally
follow this trend. A possible reason for this is that the stators were designed
for the design point only. At off-design flow rates, the velocity profiles at the
inlets of the stators are no longer the same, and optimum stator performance
is not expected. The performance of fixed stator blades is thus not robust to
off-design conditions. Moreover, adding a stator generally results in a longer
and more expensive diffuser unit. The best overall performer is, therefore, the
equiangular annular diffuser with wall angles of 22° from the axial: It provides
the highest pressure recoveries at design and off-design flow rates.

6.10 Fan-Diffuser Characteristics
Chapter 3 demonstrated that the effect of pressure recovery is to shift the
operating point to a higher volume flow rate than the initial design point.
The pressure recovery results for the 22° equiangular annular diffuser that
was recommended in the previous section were used to illustrate how this
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Figure 6.10: Variation of pressure recovery coefficient with volume flow rate
for the different outlet configurations (lines added for clarity; not for trends)

diffuser affects the characteristics of the M-fan. Figures 6.11 and 6.12 depict
the fan-diffuser static pressure and static efficiency characteristics, respectively.
Similar to the approach in Chapter 3, a system curve of the form ∆psys = aV̇ 2

that passes through the origin and design point was included in Fig. 6.11.

Pressure recovery raised the static pressure from 114.7 Pa at the design point to
130.0 Pa at the new operating point—a relative increase of 13.3 %. The volume
flow rate though the fan increased from 333.0 to 354.2 m3/s (a 6.3 % relative
increase). The static efficiency increased from 59.4 to 79.4 %—an absolute
increase of 20.0 %.

6.11 Conclusions
In this chapter, various outlet configurations were tested for the M-fan to see
which one provides the highest pressure recovery at the design flow rate. These
configurations were then evaluated at off-design flow rates to see how robust they
are to off-design operating conditions. After that, the results of the overall best
performing discharge configuration were superimposed on the characteristics
of the M-fan to investigate how pressure recovery affects the characteristics of
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Figure 6.11: Effect of pressure recovery on M-fan static pressure
characteristics
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the fan. Section 6.2 contains details pertaining to the computational setup: It
includes information on the geometry and meshing strategies, the modelling of
turbulence and the discharge to the open atmosphere, boundary conditions,
fluid properties, solvers, discretisation practises, and sensitivity studies.

The pressure recovery at the design flow rate analyses for the different outlet
configurations are contained in Sections 6.3 to 6.8. The configuration with the
stator only is discussed in Section 6.3: It produced the least amount of pressure
recovery amongst all the tested discharge configurations. Conical diffusers are
scrutinised in Section 6.4: The best diffuser performed approximately twice as
good as the previous stator case. Only a narrow range of area ratios produced
high pressure recoveries. In Section 6.5 a stator was added between the fan
discharge and conical diffuser inlet: Geometries yielding high pressure recoveries
were considerably less sensitive to the area ratio. Pressure recoveries were also
higher than in the previous case.

Annular diffusers are investigated in Section 6.6: The wall-angle combination
for a specified area ratio affected diffuser performance. High pressure recoveries
were reported for relatively wide-angled equiangular diffusers. One of these
with a total divergence angle equal to the maximum swirl angle at the fan outlet
nearly produced the highest pressure recovery. Section 6.7 considers a case
where a stator was added in-between the fan and annular diffuser: Pressure
recoveries were high and insensitive to the combination of wall angles used
for a specified area ratio. The final discharge configuration is discussed in
Section 6.8: A stator was added at the outlet of the recommended equiangular
annular diffuser of Section 6.6. However, this setup was not a success. The
performance with the stator was worse compared to when it was not installed.

The best diffuser geometries that came from Sections 6.3 to 6.8 were now tested
at off-design flow rates. Section 6.9 contains the results: Configurations that
employed stators generally performed poorly at off-design flow rates, especially
lower flow rates. That is because the stators were designed for operating
conditions only. The annular diffuser with both wall angles equal to 22° from
the axial produced high pressure recoveries at design and off-design flow rates.
Therefore, this is the recommended discharge configuration for the M-fan.

The final section, Section 6.10, demonstrates how this recommended annular
diffuser affects the performance characteristics of the M-fan: The effect of
pressure recovery was to increase the static pressure from 114.7 Pa at the design
point to 130.0 Pa at the new operating point (13.3 % relative increase). The
flow rate through the fan increased from 333.0 to 354.2 m3/s (6.3 % relative
increase). Finally, the static efficiency of 59.4 % at the design point increased
to 79.4 % at the new operating point—an absolute increase of 20.0 %.



Chapter 7

Conclusions and
Recommendations

7.1 Main Findings
This research aimed to reduce the outlet dynamic pressure loss of an induced
draught air-cooled condenser (ACC) through pressure recovery. The latter
refers to the conversion of dynamic pressure to static pressure. Diffusers, stators,
or a combination of these can be used to recover pressure. The effect of pressure
recovery is to increase the mechanical energy available to the airstream in the
ACC. Pressure recovery thus shifts the operating point of the fan to a higher
volume flow rate than the initial design point and increases the static efficiency
of the fan. Higher heat removal rates are thus possible due to the increased
flow rate through the fan unit.

The M-fan of Wilkinson et al. (2017) was selected for this study. Various
discharge configurations were tested for this fan using computational fluid
dynamics (CFD). These discharges included a stator, conical and annular
diffusers with and without stators at their inlets, and an annular diffuser with
a stator at its outlet. The discharge configuration that produced the highest
pressure recovery was an annular diffuser. Its inner hub and outer casing
walls were both directed 22° away from the axial. Its length was equal to the
diameter of the M-fan. This diffuser produced a pressure recovery coefficient of
Krec = 1.134 at the design flow rate. It also produced high pressure recoveries at
off-design flow rates, making it robust to off-design ACC operating conditions.
Assuming a system curve of the form ∆psys = aV̇ 2, the achieved pressure
recovery increased the volume flow rate through the M-fan by 6.34 %. The
static efficiency at the new operating point was 20 % (absolute) higher than at
the initial design point.

79



80 CHAPTER 7. CONCLUSIONS AND RECOMMENDATIONS

7.2 Thesis Overview
The topic was introduced in Chapter 1, which outlined the purpose of the study.
Chapter 2 covered literature on the M-fan, diffusers, stators, and numerical
studies on flows involving adverse pressure gradients and turbomachinery
blading. Chapter 3 provided the draught equation for an induced draught
ACC and illustrated the effect of pressure recovery on the system. A pressure
recovery coefficient, Krec, was defined. It is a function of the kinetic energy
correction factors at the fan and diffuser discharge planes as well as the area
ratio and loss coefficient of the diffuser.

Chapter 4 covered details on the modelling of turbulence and turbomachinery
blading. The details of the CFD validation study on the ERCOFTAC conical
diffuser were provided in Chapter 5. Solutions were found to be sensitive to
the specified inlet turbulence quantities and turbulence model. Amongst 13
turbulence models, the wall-integrated k-ω model compared relatively well
with measurements while the SST k-ω version deviated vastly. Furthermore,
solutions were found to be insensitive to transient and three-dimensional effects.

Chapter 6 outlined the details and results of the parametric studies of the
different M-fan outlet configurations. A stator alone performed the worst.
Conical diffusers performed better, and when a stator was added at their inlets,
the performance increased at design conditions. Annular diffusers performed
even better, but in this case, the best ones with and without a stator at their
inlets performed very similarly in the vicinity of the design flow rate. However,
the pressure recovery dropped sharply at low off-design flow rates in most of
the configurations that employed stators. An annular diffuser with a stator
at its outlet was also tested, but it was not a success. Therefore, the earlier
mentioned 22° annular diffuser with no stator was deemed the most successful
outlet configuration for the M-fan.

7.3 Recommendations
The most pressing shortcoming of the current research is that the numerical
results are not particularly well validated. In the validation study, the numerical
results did not compare as closely with the experimental measurements as one
would have liked. Experimental data of the M-fan with these different outlet
configurations were not available for validation purposes. The generation of
such data also did not fall within the scope of this project. An experimental
study that follows on the current research is, therefore, recommended.

In the current research, parametric studies were performed using fixed velocity
profiles at the design point. After that, the best configurations were tested at
off-design flow rates. However, Chapter 3 demonstrated that pressure recovery
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shifts the operating point to a higher volume flow rate than the initial design
flow rate. At this new operating point, the velocity profiles at the fan outlet
will be different than at the design point. Therefore, stators and diffusers that
are designed for the new operating point might look slightly different from
the ones in this study. It is thus recommended to perform parametric studies
where the fan is simulated together with the stators and diffusers.

The performance of conical and annular diffusers generally increases as inlet
swirl increases up to a point and then deteriorates. The swirl intensity at
the M-fan outlet was found to be higher than what is beneficial for diffuser
performance. In this study, the stator at the inlet of the diffusers was designed
to remove all the swirl from the flow exiting the M-fan. Simulations were
thus performed with either excessive or zero inlet swirl—no in-between swirl
intensities. It is, therefore, recommended to perform parametric studies with
stators that remove different levels of swirl. The overall highest performing
configuration might be a specific diffuser geometry matched with a specific
level of inlet swirl.

Owing to the higher discharge velocities associated with induced draught
ACCs, they are less sensitive to crosswinds and less susceptible to hot-plume
recirculation compared to forced draught ACCs. However, adding a diffuser will
reduce the discharge velocity and potentially nullify this advantage associated
with induced draught ACCs. As a consequence, pressure recovery might
deteriorate under windy conditions. A study investigating the effect of crosswind
on an induced draught ACC fitted with a diffuser is thus recommended.

Diffuser performance is also a function of its length. In this study, the length
was fixed equal to the fan diameter. The best annular diffuser had wall angles of
22° from the axial. Adding such a diffuser downstream of the M-fan will result
in a large and possibly impractical structure. Therefore, it is recommended to
perform parametric studies where the diffuser lengths are varied. A considerably
shorter diffuser might still yield satisfactory performance.



Appendix A

M-Fan Specifications

Wilkinson et al. (2017) designed the M-fan for a forced draught ACC in a CSP
plant. The fan is depicted in Fig. A.1 and its design specifications are listed in
Table A.1. The chord and aerofoil thickness distributions of the fan are linear
due to manufacturing constraints. The blading was designed similar to the
isolated aerofoil methodologies of Bruneau (1994) and Van der Spuy (1997),
with an added XFOIL optimisation step. This step optimises the aerofoil
camber distribution by optimising the lift-drag ratio along the blade span. As
a result, it improves the efficiency and stall margin near the hub. Wilkinson
et al. (2017) used the NASA-LS 0413 aerofoil profile for the fan blades with
the lift-drag data of McGhee and Beasley (1979). The angle of attack at any
point on the blade is kept below five degrees to reduce blade twist and allow
for a wider range of stall-free operation (stall commences when αatt = 15° for
the NASA-LS 0413 blade profile).

Figure A.1: Schematic of the M-fan (Wilkinson et al., 2018)

Figures A.2 to A.4 portray the fan characteristic curves. These performance
characteristics were obtained numerically using a three-dimensional periodic
fan model with zero tip clearance. This model produced a fan static pressure
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Table A.1: M-fan design specifications (Wilkinson et al., 2017)

Description Symbol Value

Diameter dF 24 ft (7.3152 m)
Number of blades nb 8
Hub-to-tip ratio xh 0.29
Rotational speed N 151 rpm
Blade root setting angle γroot 34°
Design flow rate V̇ 333 m3/s
Estimated fan static pressure pFs 116.7 Pa
Estimated fan power consumption PF 63.29 kW
Estimated fan static efficiency ηFs 61.4 %

rise of 114.7 Pa at the design flow rate while consuming 64.24 kW of power.
The fan static efficiency is thus 59.4 % at the design point.
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Figure A.3: M-fan power consumption characteristics (Wilkinson et al., 2018)
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Appendix B

Stator Design

B.1 Introduction
This appendix documents the design methodology that was followed to design
the stators that were used in this research project. The method employs
isolated aerofoil theory, i.e. it treats each blade as a series of two-dimensional
aerofoil sections (Bruneau, 1994: 13). With knowledge of inlet velocity profiles,
lift and drag data of isolated aerofoil sections can be used for blading design at
specified radial stations. The methodology is based on the work of Louw et al.
(2012), which is a design method for large rotor-only axial flow fans.

Rotor design requires a design objective, i.e. required pressure rise and volume
flow rate. The fan configuration must then be established, i.e. the number of
blades and hub-to-tip ratio. The blading that will satisfy the design objectives
then needs to be designed. This design is usually done under a criterion such
as maximum efficiency. Louw et al. (2012) achieved this with three Fortran
programs: FANVTX, FANOPT and FANBLD. The first program calculates
the swirl and axial velocity distributions for a specified mass flow rate and
static pressure rise. The second program determines the optimum hub-to-tip
ratio. Then, the blading geometry that will provide the profiles calculated by
FANVTX is determined by the third program.

The design process for a stator is somewhat more straightforward. The aim is
to eliminate, or reduce, the swirl of the flow entering the stator. The velocity
profiles at the stator inlet will be available. At the outlet, the stator forces
the swirl to zero, or to a percentage of the inlet swirl. The vortex distribution
is therefore known, and a program such as FANVTX is unnecessary. The
hub-to-tip ratio will coincide with that of the fan or annular diffuser. Hence,
only the blading needs to be designed. The equations used by Louw et al.
(2012) for FANBLD were used to write a Python program, named OGVBLD,
for the design of stator blades. Note that rotor design is for a moving frame
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of reference and, therefore, involves relative velocities and flow angles. Stator
design, on the other hand, is for a stationary frame of reference. It thus involves
absolute velocities and flow angles.

The sections below provide the equations to calculate the static pressure rise
over the stator and its blading geometry. A sample calculation for a stator
to be used downstream of the M-fan is also provided at a radial station of
approximately two-thirds of the stator blade span.

B.2 Static Pressure Rise
In the equations to follow, positions 3 and 4 refer to the immediate upstream
and downstream locations from the stator, respectively. Positions 1 and 2
denote the immediate upstream and downstream locations from the rotor,
respectively. The stator does no work on the fluid. Under the assumption of
isotropic flow, the total pressure thus remains constant across the stator. In
other words,

pt3 − pt4 = 0, (B.1)
(ps3 + pd3)− (ps4 + pd4) = 0. (B.2)

Assuming that the axial velocity remains constant through the stator and that
radial velocity is negligible, the static pressure difference across the stator is
given by,

∆pOGVs = ps4 − ps3 = pd3 − pd4 (B.3)
= 1

2
ρ
(
u2
z + u2

θ3

)
− 1

2
ρ
(
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)
(B.4)

= 1
2
ρ
(
u2
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θ4

)
. (B.5)

The mass-averaged pressure differential is obtained by integrating the distribu-
tion over the annulus, viz.,

∆pOGVs =
2πρ

ṁ

∫ rC

rH

uz∆pOGVsr dr . (B.6)

B.3 Blading Design
OGVBLD is a program that was written to determine the blading geometry
for outlet guide vanes. The program requires velocity profiles at the stator
inlet. Further, the user needs to specify the number of stator blades, the lift
coefficients at the hub and tip, as well as the percentage swirl to be removed.

In the equations presented below, all angles are measured from the axial plane.
The swirl coefficients at each radial station are computed with

ε3 = uθ3/uz and ε4 = uθ4/uz, (B.7)
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with an upper limit of 1.1 to avoid blade stall (Wallis, 1983: 183). The flow
angles are then computed with

α3 = arctan ε3 and α4 = arctan ε4. (B.8)

The mean flow angles and velocities are calculated with

αm = arctan [(ε3 + ε4)/2], (B.9)

um = uz secαm. (B.10)

According to Wallis (1983: 149), the blade loading factors can be approximated
with

CLσ ≈ 2(ε3 − ε4) cosαm. (B.11)

The blade chord at the hub and tip can now be calculated using the lift
coefficients that were specified by the user at the hub and tip, i.e.,

ch =
2πr(CLσ)

nbCL
. (B.12)

The chord distribution along the blade span is obtained by interpolating between
the hub and tip. Any interpolation scheme can be used, but following the
example of Louw et al. (2012), linear interpolation was used. Subsequently, the
blade solidity, lift coefficient, and Reynolds number distributions are determined
with

σ =
nbch
2πr

, (B.13)

CL = CLσ/σ, (B.14)

Rech = umch/ν. (B.15)

With the lift coefficient distribution known, the angle of attack at each radial
station is obtained from the selected aerofoil’s characteristics, i.e. the lift
coefficient versus angle of attack for specified Reynolds numbers. The final
step is to calculate the stagger angle distribution that describes the blade twist.
Louw et al. (2012) and Wilkinson et al. (2017) calculate it using

ξ = α3 − αatt, (B.16)

where α3 is the incoming flow angle. However, this equation yields incorrect
results when implemented with the extended actuator disc model (EADM)
that was written by Engelbrecht (2018). His model employs mean flow angles
to compute the angles of attack. Therefore, for the stator design method and
EADM code to correlate, the following definition for the stagger angle was
adopted:

ξ = αm − αatt. (B.17)
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B.4 Sample Calculation
In this section, the equations in the previous sections are applied to illustrate
the working of OGVBLD. A sample calculation for the stator that was used
downstream of the M-fan in Sections 6.3, 6.5 and 6.7 is provided. The inlet
velocity profiles to the stator are the outlet velocity profiles of the M-fan at the
design flow rate of V̇ = 333 m3/s, shown in Fig. B.1. The blade profile that
was selected for the stator is the same as that of the M-fan, namely the NASA-
LS 0413 profile. It has good lift-drag characteristics and is well documented.
Figure B.2 contains lift coefficient versus angle of attack characteristics for this
profile. The red square data points in Figs. B.1 and B.2 are at approximately
two-thirds of the blade span and were used in the sample calculation.
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Figure B.1: M-fan outlet velocity profiles at V̇ = 333 m3/s
(Wilkinson et al., 2017)

The static pressure increase over the stator is calculated by applying Eq. (B.5)
to all the data points in Fig. B.1 and then integrating over the annulus as in
Eq. (B.6). This stator was designed to remove all the swirl from the incoming
flow so that uθ4 = 0. The resulting pressure rise is ∆pOGVs = 10.1 Pa. This
correlates exceptionally well with the pressure increase that was reported in
Subsection 3.5.2 for the case of swirl removal only, where αedifo ≈ αeFCz was
assumed. The result was ∆pOGVs = 10.0 Pa.

The first steps of the blading design are to select the number of stator blades,
the lift coefficients at the hub and tip, and the amount of swirl to remove. In
order to keep the chord within reasonable length (see Eq. (B.12)), either the
number of blades and lift coefficients should be selected sufficiently large or the
amount of flow deflection, and hence blade loading (see Eq. (B.11)), should be
sufficiently small. However, the lift coefficient should not be selected too close
to the stall point of the blade profile to ensure stable operation in the case of
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Figure B.2: Lift characteristics of the NASA-LS 0413 profile
(McGhee and Beasley, 1979)

slight off-design conditions. Figure B.2 illustrates that the largest lift coefficient
that was measured by McGhee and Beasley (1979) for a Reynolds number of
2× 106 was 1.69 at an angle of attack of 15°. Beyond this point, the blade
stalls, marked by a sharp reduction in lift coefficient. For the current design,
the hub and tip lift coefficients were selected as 0.7CLmax ≈ 1.2. It was found
that nine stator blades could remove all the swirl without having excessive
blade loading or chord lengths. The blade design equations in Section B.3 are
now applied to the data points marked in red in Fig. B.1:

Swirl coefficient:

ε3 = uθ3/uz (B.18)
= 3.707/8.805

= 0.421

Mean flow angle:

αm = arctan [(ε3 + ε4)/2)] (B.19)
= arctan[(0.421 + 0)/2]

= 11.888°

Mean velocity:

um = uz secαm (B.20)
= 8.805 sec(11.888°)
= 8.998 m/s
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Blade loading factor:

CLσ ≈ 2(ε3 − ε4) cosαm (B.21)
≈ 2(0.421− 0) cos(11.888°)
≈ 0.824

The chords at the hub and tip need to be calculated so that the rest of the
chords can be obtained through linear interpolation. The values for the hub
and tip where obtained in a similar fashion than above.

Fan hub:

ch(rFH) =
2πrFH(CLσ)FH

nbCLFH

=
2π · 1.103 · 1.745

9 · 1.2
= 1.126 m

Fan casing:

ch(rFC) =
2πrFC(CLσ)FC

nbCLFC

=
2π · 3.528 · 0.713

9 · 1.2
= 1.447 m

The chord for the data point of interest is thus:

ch = ch(rFH) +
ch(rFC)− ch(rFH)

rFC − rFH

(r − rFH) (B.22)

= 1.126 +
1.447− 1.126

3.529− 1.103
(2.791− 1.103)

= 1.349 m

Solidity ratio:

σ =
nbch
2πr

(B.23)

=
9 · 1.349

2π · 2.791
= 0.692

Lift coefficient:

CL = CLσ/σ (B.24)
= 0.824/0.692

= 1.190

Reynolds number:

Rech = umch/ν (B.25)
= 8.998 · 1.349/

(
1.5× 10−5

)
= 8.092× 105
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The calculated Reynolds number is lower than the smallest Reynolds number
at which McGhee and Beasley (1979) performed experiments to obtain lift-drag
data for the NASA-LS 0413 profile. Subsequently, the data sets for the two
lowest Reynolds numbers, namely Rech = 2× 106 and 4× 106, are used to
extrapolate to lower Reynolds numbers.

The angle of attack is required to determine the stagger angle. It can be
read off from the aerofoil’s lift characteristics, shown in Fig. B.2. The angles
of attack that correspond to CL = 1.190 are αatt = 7.331° and 6.471° for
Rech = 2× 106 and 4× 106, respectively. Using linear extrapolation, the angle
of attack corresponding to Rech = 8.092× 105 is αatt = 7.851°. The stagger
angle is thus:

ξ = αm − αatt (B.26)
= 11.888°− 7.851°
= 4.037°

The above steps can be repeated for each and every data point to obtain the
distributions of each variable.

B.5 Conclusions
This appendix contains a design methodology for stators. The equations for
the determination of the static pressure rise over the stator and the design
of the stator blades are provided. A program, OGVBLD, was written to aid
the design process. The inputs to the program are velocity profiles at the
stator inlet, the number of stator blades, the hub and tip lift coefficients,
and the percentage swirl to be removed. The program also requires the
isolated aerofoil lift characteristics for a specified blade profile. OGVBLD then
computes, amongst other things, the spanwise distributions of the blade chord
and stagger angle—the distributions that are required by the extended actuator
disc model. OGVBLD also estimates the static pressure rise across the stator.
A comprehensive sample calculation demonstrates the working of OGVBLD.



Appendix C

Grid Dependence Studies

C.1 Introduction
High-quality numerical studies usually include grid dependence studies. The
solution of the underlying partial differential equations (PDEs) emerges through
sequentially refining the mesh until grid-independent solutions are reached.
That is, key flow properties do not change as the computational grid is refined
beyond a certain point. This appendix contains the grid dependence studies for
the different M-fan outlet configurations that were tested. For these simulations,
the dump length and radius were fixed at ldump = 10dFC and rdump = 5rFC,
respectively.

C.2 Downstream Stator
Grid dependence for the configuration with only a stator at the fan exit was
tested using the standard k-ω turbulence model with wall functions. The
highest residual in these simulations reached 10−6. Table C.1 provides the
details of the different meshes. Figure C.1 illustrates how mesh refinement
affects the discharge velocity profiles.

Table C.1: Grid dependence study for a downstream stator

Grid
identifier

Number
of nodes

Average
y+ [–]

Krec

[–]
Difference

[%]

Grid 1 342 462 265 0.352 2.239
Grid 2 685 378 189 0.345 0.052
Grid 3 1 369 684 134 0.344 –

92
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Figure C.1: Flow profiles at the discharge plane with a stator only for
successively refined meshes

The difference in pressure recovery coefficients obtained with the finest (Grid 3)
and coarsest (Grid 1) meshes is smaller than five per cent (see Table C.1).
From Fig. C.1 it is clear that flow profiles are captured just as well with Grid 1
compared to finer meshes. Therefore, Grid 1 is deemed satisfactory for resolving
the mean flow.

C.3 Conical Diffuser
A conical diffuser with an included angle of 2θ = 16°, and thus area ratio of
1.792, was selected for the grid dependence study. It was arbitrarily selected
within the range provided by Kröger (1998: 6.4.9), i.e. 12° ≤ 2θ ≤ 17°. The
standard k-ω turbulence model with wall functions was employed. Residuals
converged to 10−5 in each case. Table C.2 provides the details of the meshes
and Fig. C.2 illustrates how mesh refinement affects the velocity profiles at
the diffuser inlet and outlet. Results are very insensitive to the level of grid
refinement. Grid 1 suffices to resolve the mean flow and was, therefore, selected.

Table C.2: Grid dependence study for a conical diffuser

Grid
identifier

Number
of nodes

Average
y+ [–]

Krec

[–]
Difference

[%]

Grid 1 364 288 311 0.537 0.479
Grid 2 729 070 219 0.538 0.644
Grid 3 1 456 932 154 0.537 0.509
Grid 4 2 913 843 108 0.534 –
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Figure C.2: Flow profiles at the inlet (top) and outlet (bottom) of a conical
diffuser for successively refined meshes

C.4 Conical Diffuser with a Stator at its Inlet
In this case, a stator was added between the fan outlet and conical diffuser inlet.
The conical diffuser with no stator that provided the highest pressure recovery
in Section 6.4 was used for the grid dependence study, i.e. the 2θ = 10° diffuser
with an area ratio of 1.507. Wall functions were used along with the standard
k-ω turbulence model. Residuals reached the order of 10−6 in these simulations.
Table C.3 contains the details of the different meshes. Figure C.3 depicts the
axial velocity profiles at the inlet and outlet of the diffuser for the successively
refined meshes. The circumferential velocity profiles are not shown since the
stator entirely removed the swirl. Therefore, it looks similar to Fig. C.1b. The
results indicate that Grid 1 is capable of resolving the mean flow.
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Table C.3: Grid dependence study for a conical diffuser
with a stator at its inlet

Grid
identifier

Number
of nodes

Average
y+ [–]

Krec

[–]
Difference

[%]

Grid 1 367 212 248 0.798 1.837
Grid 2 735 142 174 0.785 0.087
Grid 3 1 468 684 122 0.784 –
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Figure C.3: Axial velocity profiles of a conical diffuser with a stator at its
inlet for successively refined meshes

C.5 Annular Diffuser
The formulas provided by Shepherd (1974) were used to obtain an annular
diffuser that is analogous to the conical diffuser that was used for the grid
dependence study in Section C.3. The resulting annular diffuser has wall angles
of θH = 3.3° and θC = 11.2° measured from the axial. The standard k-ω
turbulence model was used with the appropriate wall functions. The residuals
of the underlying equations reached a maximum of 10−5. The details of the
successively refined meshes are contained in Table C.4. Figure C.4 provides
velocity profiles at the diffuser inlet and outlet. Results are seen to be relatively
insensitive to grid refinement. Grid 1 was, therefore, regarded adequate.
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Table C.4: Grid dependence study for an annular diffuser

Grid
identifier

Number
of nodes

Average
y+ [–]

Krec

[–]
Difference

[%]

Grid 1 400 240 272 0.644 2.454
Grid 2 801 206 189 0.641 1.911
Grid 3 1 600 780 134 0.635 0.976
Grid 4 3 199 474 94 0.630 0.198
Grid 5 6 402 760 66 0.629 –
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Figure C.4: Flow profiles at the inlet (top) and outlet (bottom) of an
annular diffuser for successively refined meshes
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C.6 Annular Diffuser with a Stator at its Inlet
The same annular diffuser as in Section C.5 was used for this grid dependence
study. Except, this time a stator was added between the domain inlet and
diffuser inlet. The standard k-ω model with wall functions was used, and
residuals converged to the order of 10−6. Table C.5 and Fig. C.5 illustrate
that these simulation results are very insensitive to grid refinement. The mesh
with 403 840 nodes yields results within one per cent of the finest mesh with
1 615 180 grid points. Therefore, Grid 1 was used for further computations.

Table C.5: Grid dependence study for an annular diffuser
with a stator at its inlet

Grid
identifier

Number
of nodes

Average
y+ [–]

Krec

[–]
Difference

[%]

Grid 1 403 840 230 1.120 0.460
Grid 2 808 630 159 1.124 0.167
Grid 3 1 615 180 111 1.126 –
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Figure C.5: Axial velocity profiles in an annular diffuser with a stator at its
inlet for successively refined meshes
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C.7 Annular Diffuser with a Stator at its
Outlet

The best annular diffuser in Section 6.6 was used to inspect sensitivity to grid
refinement. This diffuser has equiangular walls that are 22° from the axial.
A stator was added at its outlet to remove the residual swirl in an attempt
to recover the circumferential component of dynamic pressure at the diffuser
discharge. This time meshes with grid clustering at solid boundaries to facilitate
integration through the boundary layer were used for the grid dependence study.
The standard k-ω model was used but without wall functions. Residual levels
reached 10−6 for these computations. Again, the results in Table C.6 and
Fig. C.6 demonstrate that grid independence was achieved with Grid 1.

Table C.6: Grid dependence study for an annular diffuser
with a stator at its outlet

Grid
identifier

Number
of nodes

Average
y+ [–]

Krec

[–]
Difference

[%]

Grid 1 460 370 0.618 0.951 0.211
Grid 2 869 948 0.625 0.949 –

C.8 Conclusions
This appendix contains the grid dependence studies for the different outlet
configurations that were tested for the M-fan. The details of these simulations
are briefly outlined, such as mesh specifications, turbulence modelling approach,
level of convergence achieved, boundary distances, and diffuser geometries that
were selected. The pressure recoveries reported with Grid 1 for the different
outlet configurations differed by less than five per cent from the results obtained
with the finest meshes. A grid with less than 500 000 nodes is thus capable of
resolving the mean flow in every instance if the dump length and radius are
kept constant at ldump = 10dFC and rdump = 5rFC, respectively.
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Figure C.6: Flow profiles at the inlet (top) and outlet (bottom) of an
annular diffuser with a stator at its outlet for successively refined meshes



Appendix D

Boundary Distance Effects

D.1 Introduction
In this appendix, the sensitivity to the location of the dump boundaries is
investigated. The dump represents the free discharge to the open atmosphere
at the diffuser outlet. The grid dependence studies in Appendix C proved that
Grid 1, with less than 500 000 nodes, was capable of resolving the mean flow
for the different outlet configurations. Therefore, the mesh density of Grid 1
was maintained for the simulations in this appendix. That is, if the dump got
extended, extra grid points were added; if it was shortened, grid points were
removed. The same holds for the dump radius. All, except the final outlet
configuration, were simulated using the standard k-ω turbulence model with
wall functions. The last configuration, i.e. an annular diffuser with a stator at
its outlet, also employed the k-ω model but the boundary layer was resolved
with a clustered grid so that y+ ∼ 1. Boundary distances that do not affect
critical results were obtained as follows: The radius of the dump was first held
constant while varying its length. Once a dump length that does not affect
the pressure recovery coefficient has been found, it was kept constant while
changing the dump radius. Once the results stabilised, the solution was deemed
independent of the boundary distances.

D.2 Downstream Stator
Figure D.1 depicts how the pressure recovery coefficient varies as the length
of the dump, and then the radius of the dump are changed. The pressure
recovery coefficient with a dump length of ldump = 18dFC varies by less than
one per cent compared to the longest dump tested, i.e. ldump = 24dFC, and
was therefore selected. The dump radius was then varied while keeping the
length constant at 18 fan diameters. Note that rdump/rFC = 1 corresponds to a
case where a pipe is added after the outlet. In this case, and all the others, it

100
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overestimates the pressure recovery. A dump is thus necessary to accurately
model the free discharge to the open atmosphere. The pressure recovery with
a dump radius of rdump = 13rFC varied by less than one per cent compared to
the largest radius tested. Therefore, a dump length and diameter equal to 18
and 13 fan diameters, respectively, were selected.
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Figure D.1: Effects of dump length and radius on pressure recovery with a
downstream stator only

D.3 Conical Diffuser
The sensitivity to boundary distances for a conical diffuser of area ratio 1.792
(or 2θ = 16°) is illustrated in Fig. D.2. The results became insensitive to the
boundaries when ldump = 14dFC and rdump = 8rdifo, where rdifo is the radius
at the outlet of the diffuser. These dimensions were thus used for the conical
diffuser simulations presented in the main body of this document.

D.4 Conical Diffuser with a Stator at its Inlet
For the conical diffuser with a stator between the fan outlet and diffuser inlet,
the results in Fig. D.3 were obtained. This was for a conical diffuser with an
area ratio of 1.507 (or 2θ = 10°). Not such a wide range of dump lengths and
diameters were tested as in the previous case since it became apparent that
results generally become independent of boundary distances within the ranges
of 6 ≤ ldump/dFC ≤ 24 and 6 ≤ rdump/rdifo ≤ 16. In this case, the pressure
recovery coefficients stabilised with ldump = 16dFC and rdump = 10rdifo.



102 APPENDIX D. BOUNDARY DISTANCE EFFECTS

5 10 15 20 25
0.5

0.55

0.6

0.65

0.7
rdump/rdifo = 5

AR = 1.792

ldump/dFC

K
re
c

(a) Dump length effects

0 2 4 6 8 10 12 14
0.5

0.55

0.6

0.65

0.7
ldump/dFC = 14

AR = 1.792

rdump/rdifo

K
re
c

(b) Dump radius effects

Figure D.2: Effects of dump length and radius on pressure recovery for a
conical diffuser
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Figure D.3: Effects of dump length and radius on pressure recovery for a
conical diffuser with a stator at its inlet

D.5 Annular Diffuser
The same annular diffuser that was used for the grid dependence study in
Appendix C was used for the boundary distance sensitivity study. The diffuser’s
length is equal to the fan diameter, the area ratio is 1.936, and the wall angles
are θH = 3.3° and θC = 11.2° from the axial. With a dump length equal to 16
fan diameters and dump diameter equal to eight diffuser outlet diameters, the
results stabilised. This is evident in Fig. D.4.
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Figure D.4: Effects of dump length and radius on pressure recovery for an
annular diffuser

D.6 Annular Diffuser with a Stator at its Inlet
The same annular diffuser as in the previous case was used here again. This
time, however, a stator was added between the fan outlet and diffuser inlet
to remove the swirl before it enters the diffuser. Figure D.5 illustrates that
results are not sensitive to the boundary distances within the given range. Even
though a shorter dump length produced stable results, a length of ldump = 14dFC

was used to ensure that the wake downstream of the diffuser discharge has
dissipated before it reaches the outlet boundary. This is to make the description
of the outlet boundary more representative, i.e. zero gradients for velocity and
turbulence quantities. A dump height of rdump = 6rdifo proved sufficient.
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Figure D.5: Effects of dump length and radius on pressure recovery for an
annular diffuser with a stator at its inlet
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D.7 Annular Diffuser with a Stator at its
Outlet

The annular diffuser without a stator that produced the highest pressure
recovery in Section 6.6 was an equiangular diffuser with wall angles equal to
22° from the axial. In this case, an attempt was made to remove the residual
swirl at the outlet of this diffuser by installing a stator at its discharge. The
k-ω turbulence model was used with the correct boundary conditions for an
integrated boundary layer. The mesh was so that y+ ∼ 1 at no-slip boundaries.
Figure D.6 illustrates this case’s sensitivity to the boundary distances of the
dump. Solutions are very insensitive to length variations: The shortest length
gave a pressure recovery coefficient within one per cent of the longest dump
that was tested. Notwithstanding, a dump length of ldump = 14dFC was selected
to avoid the wake downstream of the diffuser discharge to reach the outlet
boundary. Dump radius variations also had minimal effect on the results.
Therefore, the smallest tested radius of rdump = 6rdifo was selected.
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Figure D.6: Effects of dump length and radius on pressure recovery for an
annular diffuser with a stator at its outlet

D.8 Conclusions
This appendix investigates the influence the positioning of the dump boundaries
has on the pressure recovery results for the various M-fan outlet configurations.
A dump length of 14 fan diameters was the minimum length required to
produce length-independent solutions; the maximum required length was 18
fan diameters. In some cases, a dump diameter of six diffuser outlet diameters
was sufficient, but for others, it needed to be as large as 13 diffuser outlet
diameters.
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